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Resumeé

Dette speciale omhandler den videre udvikling af Speed-variable Switched Differential
Pump (SvSDP) systemet som er et direkte hydraulisk drev, hvor en ikke-symmetrisk cylin-
der er styret pa en energieffektiv made ved brug af tre eksterne gear pumper drevet af den
samme motor. Det direkte drev er et energieffektivt alternativ til et konventionelt ventil-
styret hydraulisk cylinder drev, hvor det er vist muligt at opn& samme positionsstyrings
performance.

Effektforbruget i SvSDP systemet er modelleret og verificeret gennem udfgrte eksperi-
menter, hvor fordelingen af effekt er analyseret i forhold til hgjhastighedsoperation og
lastholdsoperation. Det er vist, at SvSDP systemet bruger 600 W pa at holde en last ved
nul output effekt. Effekttabet er skyldes hovedsageligt ohmske tab i motoren grundet et
stort holde moment fra pumperne. For at ggre SySDP systemet mere brugbart og ener-
givenligt er det ngdvendigt at minimere effektforbruget ved lasthold.

Gennem en topologi optimering, hvor funktionerne fra SvSDP systemet er bevaret, er der
dannet to koncepter. Et koncept kaldet "Valve-drive System Concept" og et koncept kaldet
"Pump Concept". Begge koncepter anvender princippet i at balancere akselmomentet. De
to forslaede koncepter gennemgés i to separate dele.

Del 1: Valve-drive System Concept

Det er forslaet at implementere to styrbare ventiler i hver hovedlinje, saledes det er muligt
at omdanne den nedre del af systemet til et hastighedsvariabelt forsyningssystem, an-
vendt til at holde et fast tryk som altid er stgrre end kamre trykkene i cylinder systemet.
Denne modifikation ggr at systemet kan konverteres til et ventil styret drev. Maengden af
koblinger i systemet, fgr introduktionen af de virtuelle tilstande, er klarlagt ved hjeelp af
en linezer "Relative Gain Array” (RGA) analyse hvor koblingen mellem systemets inputs
og outputs er grafisk illustreret over et givent frekvensomréde. Den forslaede output trans-
formation er kombineret med en input transformation, som tilsammen danner et afkoblet
virtuelt systemet hvor det er muligt at fremstille en lineser PI regulator til hver virtual del,
uathaengigt af hinanden. Systemet har vist en reduktion i effektforbruget pa op til 80 %.

Del 2: Pump Implementation Concept

Pumpe konceptet reducerer akselmomentet ved at tilfgje to ekstra pumper som muligggre
genereringen af bade positive og negativt moment. Systemet er afkoblet ved brug af samme
metode som ved forsynings konceptet, saledes det er muligt at danne linezere regulatorer
til hver virtuel tilstand. Der er udviklet en brugbar kontrol strategi til at beere en positiv
last. Det udviklede koncept reducerer effektforbruget med omkring 30 %.

Begge systemer har mindsket effektforbruget ved lasthold. Effektformindskelsen skal ses i
lyset af antallet af tilfgjede komponenter og kompleksiteten af kontrolopgaven.
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Preface

This master thesis is written by three students attending the Electro-Mechanical System
Design programme. The project period spans from the 15 of February to the 2°¢ of June,
2017. The target group of this project is students enrolled in the same study programme
and specialised people with interest in mechatronic and hydraulic systems. The aim of
the project is to develop the SvySDP system to prevent unwanted ohmic losses during load
holding situations.

The project is done in collaboration with Bosch Rexroth (Denmark) and Aalborg Univer-
sity. The project takes the reader through the design of the original SvSDP system and
a conceptual study leading to two separate solutions. Fach solution is modelled, analysed
and controlled with the purpose of showcasing a reduction in load holding power losses.
The literature references used in this project are created based on the Harvard method,
meaning that each reference is written with the author names and the year of publish.

All figures are named "Figure X.Y", where X shows the coherent chapter and Y the figure
number. Whenever a table or figure is used a describing text follows to explain the context.
If the caption of the figure does not include a reference, the figure is made by the group
itself. The chapters in the appendix are written with letters to differentiate between main
matter and attachments.

The software listed in table [I| has been used in the process of making this project.

Name Area of use

TEX Assembling the project

Maple™ Algebraic derivation and calculation

Matlab (MATLAB| |2016) Calculation and simulation

LabVIEW™ Communication interface used to control the set-up
Inkscape Graphic tool used to draw hydraulic circuits and plots

Table 1: Software used in creation of this project.



Contents

Project Goals|

2]

Conceptual Study|

2.7  H Dynamics|
[2.8  Efficiency Analysis|

A1

Initial Conceptual Study| . . . . . . . . .. oo oo

f2

Reduction ot Pump Pressures| . . . . . . . ... ... oL

3

Balancing of Shait Torquel . . . . . . . . . ..o oo L

A4

Concept Selection|

(L

Valve-drive System|

B

Valve-drive System Concept|

[5.1  Concept Proposals|

[5.2  Concept Selection|

|6

System Model|

6.1

Control Volumes|

6.2 2/2-Way Throttle Valve Qv+ . . . . . . . . . ... .. .

6.3 2/2-Way Idle Valve Qv . . . . . . . .. .. ..

[6.4 Main-line Valves Qryva and Qrypl - . - - . . o . o oo

[ _Linear Modell

[7.2  Cylinder State Space] . . . . . . . . .

[7.3  Supply System State Space] . . . . . ... L Lo

[7.4  Combined Hydraulic State Spacel . . . . . . . . .. .. ... ... ...

vi

iii

16
18
19
19
26
28
34

37

39
40
40
41
43

45

47
47
49

53
o4
95
95
o7



[7.5  Actuator State Space|. . . . . . . .. L
[7.6  Combined State Spacel . . . . . . . . ..

8  Decoupling|
8.1 Coupling Analysis| . . . . . .. . . . .
8.2 Decoupling Method|. . . . . .. .. . ...
8.3 Valve Drive Decouplingl . . . . . . .. ... ... .o
8.4 Flow Gain Compensation| . . . . . .. ... ... ... ... ... ...
8.5 Decoupling Performance| . . . . . . . . .. ... oo
8.6 System Constraints and Flow Feasibility| . . . . . . ... ... ... .. ...

9 Control Strategy|
9.1 Supply System| . . . ..o
9.2 Cylinder System| . . . . . . .. .. L

(10 Part 1 Conclusion|

(IT Pump Implementation|

11 Pump Implementation Concept|
[11.1 Concept Proposals| . . . . . . . . . . . .. .
[11.2 Concept Selection|. . . . . . . . . . ... L

12 System Model|
[12.1 Flow Continuity and Control Volumes| . . . . . . . .. .. ... .. .. ...
[12.2 2/2-Way Unidirectional Flow Valves| . . . .. ... ... ... . ... ....
[12.3 Modified Pump Equations| . . . . . . . .. ... ... 00000

(13 Linear Modell
[13.1 Linearisation of Governing Equations|. . . . . . . . . . . ... .. ... ...
[13.2 Hydraulic State Space| . . . . . . . . . ... o o

|14 Decoupling]
[14.1 Coupling Analysis| . . . . . . . . . . . ... o
[14.2 Output Transformation| . . . . . . . . . . . . . . .
[14.3 Input Transtormation| . . . . . . . . . .. .. oL
[14.4 System Constraints and Flow Feasibility| . . . . . . .. ... ... ... ...
[14.5 Torque Pressure Feedback| . . . . . . . .. ... ... 0.
[14.6 Perturbation of Decoupling Parameters|. . . . . . . . . . . ... ... .. ..

[15 Control Strategy]

[15.3 Level Torque Controller| . . . . . . . . ... ... .. ..
[15.4 Torque Controller|. . . . . . . . . . ... ...
[15.5 Controller Implementation| . . . . . . . ... ... ... ... ..

Vil

69
69
70
72
76
77
78

81
82
83
89
91
91

95

105
105
107
107

109
110
110

113
114
114
120
121
126
128



(16 Part 2 Conclusionl

(L7 Conclusion|

(18 Future work]
[18.1 Concept Al. . . . . . . . . e
[18.2 Concept Bl. . . . . . . o .
[18.3 Concept C|. . . . . . . . . .

IBibliography|
A Check Valve CI — [C |
[B_Friction Modell

|IC System identification theory|
C.1 _ARMAXI. . . . .
[C.2 Algorithm| . . . . . . . . .

......................................
D Loss Modell

viil

145

147

149
149
150
150

153

157

159

161
161
161
163

165



Introduction

Fluid power systems are commonly associated with heavy lifting or press operations where
the requirement of large forces and precision is weighting more than the requirement of
efficiency. The focus on the environmental aspect of industrial applications have in recent
years increased to such a degree that it has become beneficial to also increase the efficiency
of hydraulic systems. The combination of fluid power systems and computer technology
has lead to an increase in the overall achievable efficiency related to hydraulic drives.

It is common to actuate hydraulic cylinders using variations of valve controlled drive
(VCD) solutions. A typical hydraulic actuation servo system is shown in figure where
a symmetric cylinder is driven by the flow produced by a single pump unit which ensures
a constant supply pressure. The flow amount and direction is controlled by a directional
flow valve. The servo system in figure includes a position feedback control loop used
to adjust and control the cylinder motion.

Motion sensor
] M

4/3-way directional valve

Uyef ¥ ‘ - -
Controller | _ W

| T

[RE]

Ps DPT
Figure 1.1: Hydraulic actuated cylinder drive.

The VCD solution can obtain an excellent tracking performance given the controllability
of the valve component. The flow through the valve is dependent on the pressure drop
across the ports and valve opening. Hydraulic related losses are typically associated with
the presence of pressure drops in the used components. The total flow and pressure drop
dependent throttling losses are calculated as

Pthrottle,loss = Z Q Ap (11)

It is seen that a greater pressure drop will induce greater losses. To circumvent the un-
wanted energy losses it was proposed a few years back by Bosch Rexroth A/S, to directly
control the position of a cylinder using a speed-variable differential pump (SvDP) drive.
The initial concept shown in figure [L.2] proved to be inefficient and hard to control due



to low pressure levels and cavitation hence making it inapplicable. The SvDP concept
was later redesigned by (Madsen and Bertelsen, 2013]), where the implementation of check
valves prevented cavitation in the system. The concept was further expanded with two
proportional valves, added to allow the control of the pressure levels in both cylinder
chambers. The hydraulic diagram of the redesigned system is shown in figure[1.3

Pressure relief m
| valves |
m - Anti- :
| = = cawtaimon = =
H i <>_ i | H

Proportional ,Q\
A
@$©:C> valves 1] 3 L] ¥
L L L' L

Figure 1.2: Original SvDP concept. Figure 1.3: Redesigned SvDP concept.

It was concluded in (Madsen and Bertelsen, 2013 that the concept in figure could
achieve a higher efficiency compared to the original concept in figure [1.2] at the cost of a
poor position tracking performance. The loss of tracking performance was investigated in
(Groenkjaer and Rahn| 2014)) where it is concluded that the problem is related to having
pressure levels under 20 bar during operation thus having a low bulk modulus. To solve
this issue it was proposed in the same project to expand the concept with a third pump
unit together with a new set of check valves. This concept is denoted as the Speed-variable
Switched Differential Pump (SvSDP) and is illustrated in figure

The purpose of adding an additional pump (denoted as P2 in figure is to ensure a
pressure increase in the return side circuit. The additional pump is designed to only supply
the system when the motor is running in positive direction, thus creating a permanent
difference in the flow capacity in relation to the area ratio between the piston- and rod
side. The difference in flow will for an ideal leakage free system always ensure a pressure
build up in the return chamber regardless of the motor direction, thereby achieving a
minimum oil stiffness (minimum return pressure level). The flow difference is expressed as

(Qp1+Qp2) - a>Qp3 for  wm, >0
Qpr1-a<Qp3 for  wm, <0

where « is defined as the area difference between the rod- and piston side chambers. The

area relation is calculated as
Arod o Ap

Apiston AA

(1.4)
For a non-ideal system where leakage is present, the pressure build up can not be ensured
at low speeds. This phenomena is illustrated in terms of the match ratio x for two quasi-

static cases. The match ratio describes the difference between the input and output flows
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of the cylinder in relation to the geometric difference.

— an Qout _ an : Aout
X Am @ Aout T Qout ' Azn

(1.5)

The input and output flows of the SvSDP system are dependent on the actual motor
direction. The match ratio y is divided into three possible states as
e x = 1: The pumps and cylinder are perfectly matched, no change in the pressure.
e x > 1: Pressure increase in the return chamber

e x < 1: Pressure decrease in the return chamber

The match ratio near zero motor velocity is investigated at different pressures to find the
minimum speed for which pressure build up can be guaranteed. The match ratio as a
function of motor velocity is seen in figure [1.5

1.3 ' '
| _pAapBZZObar
— e 12}t —pa,pp=50bar
L e : ' pa,pp=150bar
== == 1.1
Ll .*.A.()— (. =
1
RE=N < L 09l \
P1 p2 P3 0.8 : ‘ ‘
-100 -50 0 50
| | w [RPM]
Figure 1.4: SvSDP concept. Figure 1.5: Match ratio y.

The SvSDP concept is proven in (Groenkjaer and Rahn| 2015) to increase the systems over-
all efficiency compared to an equivalent VCD. The increase in efficiency is achieved without
losing tracking performance thus making this concept suitable for industrial applications.

Based on the check valve designs and match ratio effect, it is possible to encounter eight
different flow modes in the SvSDP system. The check valves are allowing the necessary
flow idle modes to prevent cavitation in the chambers. The green color in figures [1.6[ and
is used to indicate oil lines containing pressure levels between low-pressure (blue) and
high-pressure (red). The first four flow modes related to situations where the match ratio
(x) is above one are illustrated in figure with respect to the motor direction, cylinder
velocity, external force. The last four modes with a match ratio below one are illustrated
in figure [L.7

Based on the pressure difference over each pump and shaft velocity, it is possible to achieve
both a pumping- and motoring mode. To simplify this phenomena it is chosen to define
these two modes as pumping mode. This definition will be used throughout this project.
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Figure 1.6: Four-quadrant SvSDP flow modes for match ratio y > 1.
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Figure 1.7: Four-quadrant SvSDP flow modes for match ratio y < 1.

1.1 Test Bench

The SvSDP test bench designed and produced by (Groenkjaer and Rahn| [2015) is reused
in this project. The electric drive of the SvSDP system consists of a permanent magnet
synchronous motor (PMSM, (Rexroth,|2016])) in combination with an IndraDrive converter
of the type "HCS02.1E-W0070-A-03-NNNN". The laboratory setup is operated using a
data acquisition and control (DAC) system designed in LabVIEW™.

The SvSDP setup is combined with a VCD used to emulate desired load cases found
in industrial applications. The load side force is controlled by a compensator designed
and produced in (Groenkjaer and Rahn| |2015) which is assumed to be sufficiently tuned to
achieve the desired functionality. The VCD is supplied by an external pump unit capable of
delivering sufficient flow and pressure. The SvSDP setup and load side are both illustrated
in relation to the mechanical test bench in figure [I.8]

The LabVIEW™ software includes all the necessary safety mechanisms to prevent uninten-
tional pressure and force build up. The software is designed such it is possible to log data
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SvSDP side

Load side

LabVIEW RT )
y X :
\ A1

IndraDrive LabVIEW RT

Figure 1.8: System overview showing the SvSDP side in relation to the mechanical test
bench and load side. The red dotted lines denote input signals to the LabVIEW™ software
whereas the blue dotted lines denote control outputs.

directly with respect to user inputs without mismatch in data timing. The IndraDrive is
receiving only one analogue signal, directly related to the motor velocity reference.

The mechanical setup consists of multiple components as shown in figure [[.9] The load
carrying parts are designed using analytical structural calculations in combination with
finite element analysis to prevent yielding and failure during normal and fault operation.
The SvSDP- and load cylinders seen in figure [.9] are connected to the slider mass using
two force sensor pins which is also shown in figure It is possible to fully disconnect
the load side by removing the connecting force pin, mounting the load side cylinder to the
slider. The slider movement is restricted to £ 350 mm from the center of the test bench
corresponding to the maximum possible cylinder movement.

Stop block
Ballast weights

Position sensor

(!

Load cylinder

Main cylinder

Force sensor

Pressure transducer

Figure 1.9: Component overview.
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The system analysis chapter is used to present the methods and results obtained in (Hertz
et al.| [2016b) with the purpose of formulating the basis for the continuation of the SvSDP
project. The presented methods and results are supplemented with additional analysis in
topics of interest, covering both motor identification, assumption validation and controller
tuning.

The SvSDP model is divided into multiple sections both covering the hydraulic, mechanical-
and electrical components including check valves, pumps, motor, cylinder, proportional
valves and control volume dynamics. The model is validated based on experimental data
to showcase the validity. It is considered a complex task to control the original SvSDP
system by having more controllable inputs compared to outputs thus rendering the control
system overdetermined. To solve this issue it is proposed to utilise both an input- and
output transformation to decouple the system, hence allowing a decentralised control ap-
proach. The decoupling approach is initialised with a relative gain array (RGA) analysis
used to determine the extend of the input output couplings. The understanding of the
applied transformation methods is essential for the continuation of the project, which is
why it is emphasised in the decoupling section

By utilising the proposed transformation matrices it is shown possible to fully decouple the
system within the desired frequency range thus allowing the design of SISO controllers for
each of the virtual control states. The control part of the SySDP system is briefly covered
including the pressure level controller and the position controller with velocity feed forward
and load pressure feedback. The controller section is followed by a experimental verification
of the tuned controller performance, used to showcase the achievable tracking capabilities
of the SvSDP system. The main idea behind the SvSDP design is to minimise the power
losses associated with valve operated hydraulic drives. The final part of this chapter is
used to present the achievable efficiency and power issues of such a direct drive, which is
based on results presented in (Hertz et al., 2016b). The efficiency results are used as a
motivation for the continuation of the project and redesign, as it is seen that the SvSDP
system requires unwanted input power for zero output power at load holding situations.



2.1 SvSDP Model

The hydraulic model is derived with respect to methods described in (Hertz et al., |2016b)).
The setup is illustrated in figure with the corresponding flow- and pressure subscripts.

pA@ Ia’;—b @ps

Anl e F
Me—
Val |V
QAV = = QBV
>, gy <
. QPRA Il Il QPRBF--
) —

...................................................................................................

Figure 2.1: Hydraulic overview of the main cylinder system. The dodded line is denoting
the location of the manifold and its corresponding check valves. (Hertz et al., 2016b)

The governing equations used to model the hydraulic parts of the SvSDP system can be
divided into four component groups as

e Check valves ¢ Pumps

e 2/2 proportional valves e Cylinder

2.1.1 Check valves

The check valves are included to obtain the desired feature of being capable of connecting
and disconnecting the additional pump 2 in relation to the motor direction. The valves
are further included to prevent cavitation in the system present when the fluid is drawn
out of the control volumes. Cavitation will lower the maximum achievable bulk modulus
by forming air bubbles in the oil. The check valves are located inside the manifold block,
denoted with dotted lines in figure 2.1} The check valves are modelled using a quasi-static
approach which has been proven in (Groenkjaer and Rahn, 2015|) to be sufficiently precise,
with the added benefit of increasing the simulation performance compared to a dynamic

model.

The quasi-static model is divided into three states governed by the pressure drop across
the valve Ape,_z, where subscript = is used to define the multiple types of check valves.

8



The flow through the valve is described using a modified orifice equation as

Qev—n— .

ch—x = \/ﬁ * Tev,norm—z ° V ’Apcv—x| : SZgn(Apcv—oc) (2'1)
where Qey—n—z and Ape,_n_q are type-specific constants related to the maximum allowable
flow and a pressure drop value used to describe the behaviour of the valve (Rexroth)
03/2011, p. 1-8). Zcynorm—e is the nominal value of the plunger position, going from 0
when closed to 1 at fully open. The three quasi-static states of Zey norm—z are expressed
as

0 APey—z < Pev—cr—z
APey—z—Dev—cr—
Tevnorm—z = pwij;diz,c;cvfwix Dev—cr—az < APev—z < Pev—end—a (2-2)
1 Pev—end—z < Apcv—a:

where pey_cr—o 18 the crack pressure and pey_eng—z 18 the fully open pressure difference
of the valve. The characteristics and constants of the different valve types are further
described in appendix [A] The location of the check valves are related to figure as

e M-SR30 KE00: CVAS and CVBS e M-SR15 KE02: CVAP21
e M-SR15 KE00: CVAPI1, -2 and -3 e M-SR15 KE05: CVAR

2.1.2 2/2 proportional valves

The proportional valves are included to allow the control of the chamber pressures. The
valves of the type KKDS are actuated using amplifiers to allow direct control of the position
using signals from LabVIEW™. The proportional valves are pressure compensated, meaning
that the output flow is less dependent on pressure drop variations thus ensuring similar flow
characteristics for the full pressure range. The flow characteristics in relation to command
signal and pressure drop are shown in figure [2.2]

—— Ap = 10 bar : :
30 — Ap=20& 100 bar| - SERREEEES
—— Ap = 30 bar :
—— Ap = 50 bar

Flow [L/min]
N
o

0 20 40 60 80 100
Command value [%]

Figure 2.2: Flow characteristics of the proportional valves. (Rexroth, [01/2012)

The flow characteristics shown in figure are implemented in the system using lookup
tables in combination with an approximated dynamic model of the VT-SSPA1 propor-
tional amplifier describing the relation between input reference voltage and actual output
voltage. The amplifier model is derived based on a small signal approximation done in
(Groenkjaer and Rahn| |2015) used to describe the linear region. The model is expanded
with a command signal slew rate limitation i, _mq; to model the saturation effect for large
signals. The amplifier related slew rate is assumed to dominate the maximum achievable

9



bandwidth of the valve for large signals. The dynamic behaviour of the amplifier is de-
scribed as a critically damped second order system with specifications shown in table 2.1]

Wn,po épv Uy—max

1333 rad/s 1.0 1667 %/s

Table 2.1: Parameters used to describe the amplifier model.

It is further chosen to neglect the minor leakage @, ,,, over the proportional valves (Rexroth),
01/2012)), which at a pressure drop of 100 bar is equal to

L
Ap =100 bar = Q=3 10— (2.3)

min

2.1.3 Pumps

The three pumps are modelled with respect to produced flow and torque. The flow equa-
tions are formulated based on experimental data from (Daugberg et al., 2016), being
dependent on a velocity term and the pressure drop across the pump ports. The general
flow equation is defined as

QPx = KwaWm + KPprppm + KPIpZ(Ame)Q (24)

where subscript £ = 1,2,3 in relation to the number of pumps. The constant Kpg, is
defined as the effective displacement being proportional to the rotational speed at zero
pressure drop across the pump ports. The two last constants K py, and Kpgp are used to
describe the pressure drop dependent leakage. The experimentally found pump constants
are listed in table The sign of the constants are defined in relation to the arrow
directions seen in figure . The constant Kpg,o related to the second order pressure
term is a product of a mathematical fit which is why it is described unconventionally using
the same sign as the effective displacement.

Pump Name Kp,, [ L ] Kpgp {L/min] Kpgpo {mw

rev bar bar?
P1 16.5-107% —3.18-1073 19.64 - 1076
P2 11.3-107% —1.04-1073 4.76-1076
P3 14.3-1073 2.47-1073 —6.51-106

Table 2.2: Experimentally found flow constants used to describe the pump flow equations.
(Daugberg et al.; 2016}, p. 10)

The mechanical model of the pumps used to describe the axle torque is derived (Groenkjaer
and Rahn| [2015). It is found that the pump torque characteristic may be described by a
polynomial as

Tpz = sign(wm) - Krpec + KTpuw - Wm + Sign(wm) - Krper - Ap+ KrpepAp — (2.5)

where subscript z = 1, 2, 3 equivalent to the three pumps. Kpp,c is the Coulomb friction
coefficient of the pump, Krpy, is the viscous friction coefficient, Krp,; is a pressure
dependent friction torque coefficient and Kr7p,p is the nominal displacement of the pump.
The parameters are listed in table
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Pump Name Krpyc [Nm]  Krpew [N2] Krpep [32] Krpep [32]

P1 491.1-10~2% 506.2-107% 18.49-10~2% 254.6-1073
P2 337.9-1073 348.1-107% 12.72-1076 175.1-1073
P3 430.0-10~32 443.0-107% 16.18-1076 —222.8-1073

Table 2.3: Experimentally found constants used to describe the pump torque equations.
(Groenkjaer and Rahnl 2015))

2.1.4 Control volumes

The hydraulic system is divided into five different control volumes which cover all the fluid
holding parts. The five control volumes are defined in figure 2.3

Figure 2.3: Control volumes used to model the fluid holding parts of the hydraulic and
mechanical system. The colors are only used to distinguish the control volumes from each
other.

The pressure dynamic equations for each control volume shown in figure 2.3] are formulated
based on flow continuity. It is possible to measure pressure levels in each of the control
volumes through digital pressure gauges as indicated in figure 2.3] The colors associated
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with each volume are reused in the definitions of the pressure dynamic equations as

. /))e,A
ba = o (o + ) An (Qp1+ Qcvart +Qcvapa — - ..
Qprra— Qav — - Ay) (2.6)

- /{3(5. -

pPB = T (wmf_ o) Ap (- Ap+ Qcveps — Qprs — Qv — Qprrp) (2.7)
. 6 ,12—s
DP12—sm = #(Qcms —Qpr1—Qp2 — Qcvar — Qcvart — Qevapz) (2.8)
pP2fpm = (29)
PP3—sm = (2.10)

where 3. is the effective bulk modulus associated with the corresponding control volume.
The effective bulk modulus S, is calculated using the maximum achievable oil stiffness
Boil,z, volumetric air in percentage V, o4 and the stiffness of air Byzair. The Boj e
constant is typically set to 16000 bar when related to the pure oil stiffness (maximum
achievable stiffness), but will be greatly reduced if long non-rigid hoses are used to transfer
the fluid back and forth. The effective bulk modulus is given as

1

1 Vz,%fair
ﬁoil,m ﬁx,air

/Be,a: =

(2.11)

where subscript 'z’ is used to describe the corresponding control volume. [, 4 and
Vi %—air for the fluid can be calculated as

1

Pat "
Vx,%fair = V%fair,atm <am) (212)

T

ﬁx,air =K Pz (213)

where p, is the pressure at the given control volume subscript 'z’. & is the polytropic
exponent and is assumed to be 1.4 due to the assumption of an adiabatic process with no
heat loss through the walls (Daugberg et al., [2016, p. 17). The effective bulk modulus for
the two control volumes related to p4 and pp are calculated using a modified model where
experimental results in (Groenkjaer and Rahn| |[2015| p. 52) are used to define the maximum
achievable bulk modulus (,;. The calculated maximum bulk modulus and volumetric air
percentage in the oil are listed in table The bulk modulus for both chambers are
reused in the manifold, even though rigid walls results in a higher bulk modulus.

/Boil,a: V%—air,atm o
7500 bar  0.007 % 14

Table 2.4: Experimentally calculated parameters of the effective oil stiffness related to the
chamber-associated control volumes.

The bulk modulus as a function of pressure is shown in figure[2.4] where the experimentally
found air percentage Vo4 qm of 0.007 is used.
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Figure 2.4: Bulk modulus characteristics based on the experimental obtained oil stiffness
of 7500 bar.

2.1.5 Mechanical system

The mechanical model is describing the slider movement in relation to supply force, load
force and friction forces. The test bench overview shown in figure indicate that the
slider position is governed by two variable inputs consisting of the supply force delivered
by the SvSDP setup and the load force provided by the valve controlled load side. Based
on the force arrows illustrated in figure and containing all friction parameters in F'f gy
it is possible to set up Newton’s second law as

M-i=pa- Ap— bB - Ap—Fr —2- Ffric,cyl - Ffric,sli (214)
T
. 1
x:M(pA'AA_pB'AB_FL_Ff,sys) (215)
I I lI . . § :
pA z PB I T L
em_z. om S=p © 0
A B T I Fr,
— Ay —— —
Va | Ve | —_—— L, R
I Ffric,cyl I l I Ffric,cyl I
— Fpricsti i, D UT RN
-«

Figure 2.5: Mechanical system with marked friction forces and loads.

Friction model

The frictional force F 4y included in equation ([2.15) is a combination of multiple friction
effects, which is further elaborated in appendix It is chosen to include the constant
kinetic coulomb friction in combination with the velocity dependent viscous friction. The
friction model for both cylinders is further expanded by adding the Stribeck effect. This
effect is describing a frictional force in relation to the lubrication stages present in the
contact surface between the cylinder wall, seal and piston. The Stribeck effect is present
during the low velocity stage. The transition between positive and negative coulomb
friction is modelled using a tangent hyperbolic function to avoid discontinuities in the
model which can cause problems during simulation.

The used friction coefficients obtained in (Daugberg et al., 2016, p. 19-21), is a combination
of the slider and cylinder frictions due to the system being fully assembled when the
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experiments were carried out. The combined friction model is defined as
_ L] . .
Ftoys = (Fc + (Fs — F.)-e # -tanh(y-2) + By - :1:) (2.16)

where Fj is the static friction and F, is the coulomb friction related to both the slider and
cylinders. B, is the velocity dependent viscous friction coefficient also present for both the
slider and two cylinders. &, is the constant Stribeck velocity which is used to calculate
the friction value in the low velocity region where the Stribeck effect is present. The used
friction constants are shown in table 2.5

Paramater Description Value  Unit
F Static friction 1761 N
F. Coulomb friction 1241 N
B, Viscose friction 6480 %
Ts Stribeck velocity 7-1073 o
¥ Slope of static friction 1700 -

Table 2.5: Friction parameters obtained experimentally in (Daugberg et al., [2016, p. 19-
21).

2.1.6 Motor model

It is proposed to employ system identification tools to estimate the closed-loop bandwidth
of the motor and frequency converter based on (Dort, 2004, p. 105.21) and (Keesman,
2011). The idea is to estimate the dynamic behaviour of the system using a linear discrete
model based on informative input- and output data. Informative input and output data is
achieved by using randomised small signal step inputs, such all possible dynamic behaviours
are triggered and fitted while not triggering nonlinear saturation effects in the converter.
The drive identification is done by estimating the black box model area illustrated in figure
describing the relation between reference motor velocity and actual motor velocity,
taking both the motor dynamics and controller dynamics into account.

Black box model

Frequency converter

PMSM motor

LabVIEW™RT

Timeseries

|
|
|
|
|
|
|
|
|
|
|
Wref,
|
|
|
|
|
|
|
|
|
|
|
|

Figure 2.6: Setup overview used to showcase the components contained within the black
box model

The PMSM and converter drive is estimated in (Groenkjaer and Rahn, 2015) to be 120 Hz
based on a different method, making it reasonable to investigate this subject with a new
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analysis.

The system dynamics is estimated using the ARMAX identification approach. The AR-
MAX identification method is described further in appendix [C] To employ the ARMAX
method it is necessary to pre-estimate the system order of the analysed system by defining
the nominator (np) and denominator (n,) of the pulse transfer function H(z).

B(2)
H(z) = 2.1
() =45 (2.17)
where
A(z)=14a1- 27"+ tap, -2 ™ (2.18)
B(z)=by-z '+ . by, -2™ (2.19)

It is further required to define the desired order of the prediction error weighting (n.)
which is included in the transfer function as

A(z)-Y(2) =B(z)-U(z) + C(z) - W(z) (2.20)

where
ClzHN=14c -2 4. +ep-2" (2.21)

The prediction error € for each time and iteration is calculated as the difference between
the measured output and the estimated model output g calculated based on the current
parameter iteration.

e(t, #0) = y(t) — (¢, 7 (2.22)
The defined system order is equivalent to the number of unknown parameters which are
to be estimated using least squares estimate (LSE). The input- and output data is stored
into a regressor matrix ®, which is then used to calculate the unknown parameters ©. The

iterations are continued until the prediction error is sufficiently small equivalent to having
a good prediction model.

The z-domain pulse transfer function for the PMSM drive obtained using ARMAX is
approximated using a continues second order system as

2
Wy, PMSM

2 i (2.23)
$%+2-EpMSM - Wn,PMSM * S+ Wy, pars

Gpumsm(s) =

A bode plot including the z-domain pulse transfer function and estimated second order
transfer function is shown in figure The estimate is used to derive the closed loop
bandwidth of the drive unit and PMSM. The second order transfer function has a natural
frequency of 80 Hz and a closed loop bandwidth of approximately 95 Hz measured at -3
dB. The damping coefficient {pyss)s and natural frequency wy, parsas are listed in table .

A zoom of the estimated model response from the second order transfer function and the
120 Hz bandwidth model from (Groenkjaer and Rahnl 2015) on a new random input-
output sequence is shown in figure 2.8 It is seen that the ARMAX based model shows
similar characteristics as the actual system and the model proposed in (Groenkjaer and
Rahn, [2015).

The closed loop drive system is constructed with multiple saturation effects to prevent
overheating and other faults. The saturation effects introduces nonlinearities in the sys-

tem which may be triggered when large steps is applied to the velocity reference. The
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deviation between the experimentally obtained motor model and the proposed 120 Hz
model is assumed to be caused by a slight difference in the used signal sizes, meaning
that the ARMAX model is fitting nonlinearities which effectively reduces the achievable
bandwidth. To improve the model it is decided to implement a slew rate limiter related to
the acceleration time which is calculated based on the motor inertia and maximum torque
(Rexroth| [2016). The slew rate is listed in table [2.6]

% 0
(0]
©
=2
= 20+
(@]
©
=
-40 \ 1
0 T T 400
—— S
> -45 & 200} AL
S o,
o -90 > 0 — Input
e g —OQutput
Q. -135 [[—— ARMAX discrete 2 -200 ¢ ARMAX
—— ARMAX simplified —G&R, 2015
-180 - : -400 : : : -
10" 102 108 104 14.45 1446 1447 1448 1449 145

Freauency [rad/sl Time [s]

Figure 2.7: Bode plot of the estimated pulse
transfer function H(z) in relation to the ap-
proximated continues second order model.

Figure 2.8: The estimated model response
compared to the actual system output,
based on a new test sequence. The response

in this region is a zoom used to showcase the
small deviation in transient responses.

Hm—ma;t

95 KRPM /s

Wn,PMSM  §PMSM
754 rad/s 0.5

Table 2.6: Parameters used to describe the closed loop PMSM drive model.

The results from the ARMAX identification tool is much similar to the results obtained in
(Groenkjaer and Rahn, 2015) which further emphasises the validity of the approximated
bandwidth. Having a bandwidth of 95 Hz is assumed to be sufficient for controlling the
hydraulic system with a natural frequency of approximately 16 Hz.

2.2 Linear Model

The nonlinear system is linearised for control purposes. The relevant linear equations
derived in (Hertz et al., [2016b) are restated here for reference purposes. The manifold is
omitted which results in three equations describing the system, a mechanical equation and
two continuity equations.

Mechanical equation

1

z = M(pA'AA_pB'AB_j«"'Bv) (2.24)
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Chamber dynamics

DA = ‘f (Qri2 — Qay — & - Ayp) (2.25)
4,0
pp = Vﬁoo( Qps — Qpy +1 - Ap) (2.26)
where the pump flows are given by
QP12 = Kp12w - Wi + Kp12p - pa (2.27)
Qpr3 = Kpsw - wm + Kps3p - pB (2.28)

2.2.1 State space of hydraulic system

The linearised equations for the hydraulic system are collected in state space notation
using subscript ’g’. It is chosen to only present the hydraulic system model due to its
direct relation to the decoupling method described in section [2.5]

iy = A aep+B, uy (2.29)

Yy = Cyzh (2.30)

The state vector xy, its derivative 25 and the input vector uy are defined as

T T
T & W
Ty = Ty =|. Uy = A 2.31
H DA ) H Pa ) H gB‘; ( )
B DB

The system matrix A and input matrix B are formulated based on the governing
linearised equations deﬁned in section

0 1 0 0
0 _By Ay Apa
M M M
A = 2.32
A = o —foAs B Kpy 0 (2:32)
0 Vﬁso,o Aaa 0 VB0 .KPSP
I 0 0 0
0 0 0
B = 2.33
B = | Ken, 0 (2.33)
i VBO - Kp3, 0 —WO,O

Since it is possible to switch the second pump in relation to the sign of the motor velocity,
it is necessary to formulate both a positive- and negative state space system in relation to
the motor velocity sign changes.

The output matrix C' 18 defined such the outputs from the model y o includes the cylinder
position z and the two pressure values pa and pp.

1000 @
Cy = (001 0] , y,=|pra (2.34)
0001 B
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2.3 Model Verification

The proposed SvSDP model is verified based on experimental data to guarantee a good
design-foundation for further system analysis and control strategy development. The ver-
ification process of the nonlinear model is done based on measurements from the test
bench. The test bench system is subjected to a pre-designed input sequence (see figure
, meant to trigger the desired dynamic behaviours present in the system. To avoid
unwanted disturbances caused by the load side controller, it is possible to use the mea-
sured force pin data to implement the disturbances in the nonlinear model. The recorded
force pin data is shown in figure 2.9b] The input sequence, data and simulation results
are presented in figure[2.9] The input sequences in figure [2.9a] are normalised based on the
following factors

Wmnorm = 130 rad/s,  waAvnerm = 45 L/min, upvporm = 45 L/min (2.35)
1 ; : 10 - —
— —EXP
> 057 — U1 —. 0
=} u Z
s 0 BV =
3 TRty
3 0.5¢1 1
1 - - -20 - -
0 5 10 15 0 5 10 15
Time [s] Time [s]
(a) Normalised input sequence (b) Measured load pin data from the load side
used to correct the nonlinear model response
400 T T 200 T .
—EXP —EXP
200} — 100 ﬁ —NL
= @
£ o0 E o
x o
-200 > 1001
-400 : : -200 : :
0 5 10 15 0 5 10 15
Time [s] Time [s]
(c) Cylinder position z (d) Cylinder velocity &
60 T T 150 " .
—EXP —EXP
40+ —NL | 100
® ®
L 201 2 501
< @
o o
0 0
20 - - -50 : :
0 5 10 15 0 5 10 15
Time [s] Time [s]
(e) Pressure pa (f) Pressure pg

Figure 2.9: Nonlinear simulation results compared with measured data on the test bench.

The verification results indicate a reasonable comparability between the nonlinear model
and the test bench system. The pressures ps and pp in figures and [2.91 show a simi-
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lar transient behaviour whereas the main difference is related to the steady state regions
equivalent to a difference in the DC-gain. The position and velocity differences in figures
and respectively are assumed to be directly related to the pressure difference.
The nonlinear model produces oscillations in both the position response and chamber pres-
sure responses with a frequency equivalent to the natural frequency of the hydraulic and
mechanical system being approximately 16 Hz. The test bench results indicate that the
actual system is damping the oscillations to a negligible degree.

The damping present in the actual system response is not represented in the modelled non-
linear system. This phenomena is investigated with the purpose of fine tuning the model.
Before locating such a modelling difference it is necessary to consider the assumptions and
simplifications employed when deriving the model.

To increase the model accuracy it is proposed to extend the nonlinear model with multiple
manifold related bulk modulus models specifically designed to include the increased man-
ifold rigidity in terms of an increased pure oil stiffness. The proposed model extension is
briefly tested and the preliminary analysis indicate that the model changes have no impact
on the damping issue. It is further tried to analyse the effects of neglecting the check valve
dynamics in combination with modifications done on the pump leakages. The additional
modifications proved to be as ineffective as the extended bulk modulus model. Since no
further study is done, it is concluded that the oscillations may be damped by the load
system or the usage of wrong friction coeflicients. It should be noted that the cylinder is
modelled without internal leakage. The model is considered a sufficient representation of
the system for controller designs.

2.4 Linear Model Verification

The validation of the linear model is based on the experimentally validated nonlinear
model. It is desired to investigate the model performance both in and around the lin-
earisation point to ensure it is a representative model of the system. Both models are
subjected to the inputs seen in figure with an initial cylinder position of 0.12 m in
relation to the linearisation point. A steady state point is calculated based on the state
space system.

From figures[2.10d| and [2.10€]it is seen that the nonlinear model does not have same steady
state conditions as the linear model indicated with velocity and pressure oscillations. The
incompatibility of steady state conditions is assumed to be caused by the neglected terms
in the pump flows and friction model. The dynamic behaviour of the linear and nonlinear
model is comparable but with a DC-gain difference in all responses. Furthermore it is seen
in figures 2.10b] and [2.10¢] that the position and velocity for the two models are similar
even when moving away from the linearisation point.

Based on the analysis results it is reasonable to assume that the derived linear model is
a valid representation of the nonlinear system, making it possible to use the state space
systems for further analysis.

2.5 Decoupling

The implemented proportional valves used to control the return side pressure are highly
coupled with the position control thus making the system over-defined in terms of control
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Figure 2.10: Linear and nonlinear responses using the step input sequence shown in figure

103

by having multiple inputs related to a single output. The coupling between different inputs
in relation to the output states are analysed using the relative gain array (RGA) number
method (Skogestad and Postlethwaite, 2001)) (Glad and Ljung, 2000). The RGA analysis is
based on the linearised hydraulic system in state space formulation, consisting of Newton’s
second law and the two pressure dynamic equations for the piston- and rod-side chambers
based on flow continuity. The state space model of the hydraulic system presented in
section is used to formulate the 3 x 3 transfer function matrix G(s) as

G(s)=C (s I - AH)f1 B (2.36)

The different entrances in G(s) are divided into six 2 x 2 sub matrices to obtain 2-
dimensional plots for easier graphical interpretation. The six sub matrices are designed
such they all contain the motor velocity as it is the only flow provider in the system. The
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six sub matrices and corresponding inputs and outputs are stated below.

X

x| _ gu(s) g12(s)] [ wm ]

DA _921(5) 922(5)_1 _QAV_ DA |
fef

2] _ [g1(s) g12(s)] [wm | [o]

pB|  |g931(s) g32(s)] |(Qav] |pB]
G,

pal _ [g21(5) g22(8)| | wm PA

[pfj B [931(5) 932(3)] [QAV] [pB]
e

=5

_ [911(s)  913(5)] [ wmn
_921(8) 923(8)_ _QBV_
G,
_ [911(8) g13(s)] [ wm |
1931(s) g33(s)] |@BV]
G,
_|921(s)  g23(s)| | wm
B [931(8) 933(8)] [QBV} (237)
a.

=5

The results of the RGA analysis from (Hertz et

al., 2016b, p. 49-52) are shown in figure
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Figure 2.11: RGA number analysis of the six subsystems.

The results indicate that it is beneficial to control the cylinder position using the motor
velocity. Similarly it is shown in figure 2.11a] and 2.11d] that it will be beneficial to control
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the p4 and pp pressures using 4y and @ gy respectively equivalent to the corresponding
proportional valves. It was chosen to attempt a decoupling of the system thus enabling
the possibility of utilising decentralised control. It is proposed in (Hertz et al., [2016Db))
to achieve a fully decoupled system within a desired frequency range using an input-
and output-compensator W, and W respectively. The transfer function matrix G(s) is
compensated as

(2.38)

G -1, le, (s1-a,) " B,|w,

[[o

(s)

The output transformation is formulated such it is possible to consider more appropriate
virtual states compared to the original states present in the overdetermined control system.
The measurable but virtual load pressure pr, is used together with a virtual level pressure
pr. The load pressure is proportional to the applied or available load force seen on the
cylinder whereas the level pressure is introduced as a weighted sum between the two
chamber pressures p4 and pg. The two virtual states are defined as

PL =PA — QDB (2.39)
pw=pa+H pp (2.40)

By employing the two virtual states in relation to the output vector containing z, p4 and
pp it is possible to write the compensated and transformed output g as

T 1 0 O T
pr| =10 1 —af |pa (2.41)
PH 0 1 HJ |ps

v \\,—/

Yy Y

—

It is assumed in (Hertz et al., 2016b, p. 53-54) that the H(t) term from the derivative of
equation (2.40) may be disregarded due to slow variations in H(t). The validity of this
assumption is analysed in section [2.7]

By employing this assumption it will be possible to cancel out the influence of the slider
velocity with respect to py by choosing the physical related parameter H as
Vi

H = 2.42
o Vs (2.42)

Based on a similar approach it is possible to design an input-compensator W, by introduc-
ing tvvo new input states being a load flow Qr, and a level flow Qp. Both e equatlon (12.39)
and | are used to formulate ps and pp in terms of the two virtual output states.

H o

= 2.43

L L ey 2 (2.43)
—1 1

= 2.44

PB a+HpL+a+HpH ( )

The definition of H is used together with equation (2.43) and (2.44) to formulate pg and
pr in terms of the two virtual output states pr and py. The pressure gradient pyr is
derived as

PH = VA_(ZJFQ) (Qu — Kupr - pr — Kapr - pr) (2.45)
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where Kypn, Kppr and the input level flow Qp are defined as

K
KHpH = —Kplgp e P3p (246)
K
Kupr, = —Kpigp-H — Z3p (2.47)
Qu = (a+H)- (AKw o — <QAV + Q?)) (2.48)

It is possible to derive the pressure gradient py using the similar approach as

b = %(QL—AA-x—{m}PL—[m]'pH> (2.49)

where K ,p, Kipr, and the load flow Q) input state are defined as

K
Kipp = —Kplzp-HjL% (2.50)
K
Krpg = —Kpigp-a— ggp (2.51)
H Rpv
- AK, - wpy — — BV 2.52
A (LA CY S ) (2.52)

The input states Q1 and Qg are defined as the input related terms contained in the
definitions of p; and pg respectively, both being functions of the motor velocity w,, and
proportional valve flows Q4y and Qpy. The motor velocity sign dependent terms AK,
and AK,, are expressed as

K Kpo, — Ee3e > 0 >0

AK,(sign(wm)) = Plo Kp2w o wm = (2.53)
Kle - Zgw <0 Wi < 0
K K Kpsw > >0

AK(H(x), sign(wn)) = { -7 T ere T n o = (2.54)
Kpi, + 522e > Wi < 0

Based on the rewritten dynamic equations it is possible to state the input-compensator
ll as

QL H-AK, H 1

a+H T a+H a+H Wm
Qu| = [(a+ H)AK, —(a+H) -2} 1Qay (2.55)
Qo 0 1 -+ ] @BV
——
o El—l u

where the added flow constraint (g is related to the control strategy of the proportional
valves Qay and Qpy. It is desired to ensure that

Q=0 = QAV—%:O (2.56)

By keeping this relation satisfied, it is possible to remove the influence of the proportional
valves in the load flow input @, defined as

H
QL:a+H<AKw-wm <QAVQ§V>> (2.57)

=0
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The input-compensator W, is derived by taking the inverse of the matrix shown in equation
. The =’ operator in equation is used to define the non-interesting matrix
entrances due to the flow constraint QJg. It is seen that the choice of Qg ensures that the
motor velocity wy, is only dependent of the load flow Q.

+H =
W o o HQAK —1.3 Qr
QAV = m AK, _(a;_iH)“é =2,3 QH (258)
@By Y |H AK, —imy Sss) LQo
—— ~——
u W u

=1
Due to the design of the proportional valves, it is only possible to lead excess oil out of

the A and B volumes. This feature is modelled by limiting the proportional flows as

Qav, Qpy >0 (2.59)

The algebraic designed input- and output transformation matrices are linearised to study
the resulting decoupling results. The linearisation is done on the following parameters.

H = Hy, Va=Vao, VB=Vpo, AK, =AK,o, AK, =AK, (2.60)
Kupr = Kupro, Kapag = Kapao, Kipr = Kipao (2.61)
By applying both the input- and output-transformation it is possible to fully decouple the

system in a desired frequency range. The RGA number analysis is redone based on the
compensated system where the results are presented in figure [2.12

_4
()
23
g _X(QL) 3 pH(QH)
< 2 —x(Q,),p,(Q))
1t

0 . |

10° 10" 102 103

Frequency [rad/s]

Figure 2.12: RGA number after applying the input- and output-compensator

Based on the results in figure it is possible to conclude that the position x is fully
coupled with the load flow @ which is governing the motor velocity wy,. It is further
seen, that the load flow @y, is fully decoupled with the level pressure pgy which instead is
fully coupled with the level flow Qpr as desired. The decoupling is successful meaning that
it is possible to utilise decentralised control to design both a position- and level pressure
controller. It should be noted that a badly estimated H will affect the validity of the
decoupling, but as shown in figure 2.13|a 20 % perturbation will only cause minor coupling
effects around the natural frequency.

2.5.1 System constraints

Since the system is controlled using virtual states and virtual inputs it is important to
include the actuation restrictions present in the physical system. Due to the design of the
proportional valves, it is only possible to sink flow in the A- and B-volumes thus restricting
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Figure 2.13: RGA number after applying the input- and output-compensator and pertu-
bation of H (Hertz et al., [2016D).

the valve flows to be either positive or zero.

The valve flow restrictions should be related to the level flow Qg as it is of a lower priority
than the motion control governed by the load flow Q1. It is desired to have a non-restricted
load flow to ensure the desired tracking performance. The restrictions on the proportional
valves and level flow given from equation are formulated as

Qav, Qpv =0 = Qu < (a+ H)AK, - wn, (2.62)

The sign changes in the level flow parameter AK, follows the sign changes in the motor
velocity as shown in equation (2.53), meaning that the defined flow restriction on the Qg
is strictly positive and may only vary in magnitude in relation to motor velocity.

The level flow Qg is a virtual input hence the desire of converting the flow constraint
in equation (2.62) into an inequality related to the physical motor velocity input. The
infeasible region where Q) 41y and @)y are negative may then be defined as

Wm =2 (a—l—Hl)AKJrQH = for (Qm) V wm >0 (2.63)
W < (og—i—Hl)A[(_QH = fb—(QH) Vwm <0 (2-64)

The constraint function f, describes the infeasible bound in the positive motor velocity
range where f,_ describes the negative range. The bounds are illustrated in figures 2.14]
and 2.15] where the hatched area indicates the infeasible area. If the level flow reference
QH ref for a constant Qp, reaches the infeasible bound indicated with point (wp,;, Q) in
figure it is forced equal to QH maz = QH,i-

The gradlent d‘”m may potentially change sign and magnitude around w = 0 as shown in
figures and - This phenomena may introduce jumps in the virtual input-bounds
thereby causmg jumps in the generated motor velocity references as illustrated in figure
- by pOint Wm,e) QH c)

It is required to fulﬁl b‘ < ggm < 8f ”+ for all possible 65’” gradients to ensure a continu-
ous reference generatlon By d651gnlng an input-transformation that enforces this gradient
criteria it is possible to state that any generated reference that enters the infeasible region
can only exit through the entrance point thus preventing any discontinues jumps in the
level flow or motor velocity. This feature is illustrated in figure where the line with a
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Figure 2.14: Feasibility illustration used to  Figure 2.15: Feasibility illustration used to
describe Qg maz = Q- describe the possible discontinues jumping
behaviour in Qg and w,,.

constant @ is kept inside the infeasible region.

The proposed input-transformation matrix W shown in equation (2.58)) is designed such

(%—Z = 0 hence guaranteeing a continuous reference generation.

2.5.2 Enforcing feasibility

It is desired to bound the level flow Qp such it is possible to enforce the proportional valve
flow constraints. The input-transformation matrix W, is used as it describes the relation
between the physical inputs (Qay and @py) and the virtual inputs (Qr and Qp). The
inequalities may be expressed by assuming w2, wse < 0 as

w
AV = w1 - QL +wa - Qg > H<——2.Qp -
Q Qr + Qr >0 = Qu < 0 Q (2.65)
w
Qpv =ws31-Qr +w32- Qg >0 = Qu < _wij,; QL (2.66)

The level flow constraints are both maximum values in relation to the inequalities, meaning
that if the lowest value of the constraints is enforced, both constraints will be enforced.
This statement may be expressed as

QHmaz(QrL) = min <—w21 Qp, —BL. QL> (2.67)
w2 2

where Q) f maqe describes the bound to the infeasible region.

2.6 Control

Based on the decoupling results it is considered valid to utilise decentralised control, mean-
ing that the level pressure control may be designed separately from the position control.
The control proposed in (Hertz et al., [2016b) is designed to ensure a versatile system per-
formance. Since the system is designed with no firm performance requirements, it is only
possible to state the requirement of stability. It is important to design stable controllers
for all possible pressure levels and slider positions due to large variations in oil stiffness
throughout the working range.
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The level pressure control is designed to ensure a minimum chamber pressure of 30 bar
in the return side equivalent to a minimum oil stiffness capable of carrying disturbances
in the load. The level pressure controller structure is illustrated in figure where it is
seen that the level pressure controller G p is generating the level flow reference Q)7 based
on puref and py feedback.

I i l Decoupler I

Wm,ref x T
Level J_' —

Dset | pressure |Pr.res C: Hlq Qu W Qavires G Pa |y | Pe
reference ’
% QBVJ'Ef Pg Pu

generator ‘ — T

Figure 2.16: Block diagram showing the implementation of the pressure level control,
used to control the level flow reference Qp. The combined model G oM includes both the
hydraulic system and actuator dynamics.

By employing switching conditions related to the load pressure py, it is possible to reduce
the pressure level reference generation to a simple scaling only dependent on one of the
chamber pressures. The switching conditions and the coherent error ey are defined as

PL 2 Pset - (1 — )  where  pp = pset, DA =pL+ Q- Poer
= eg=(a+H): (pset — PB) (2.68)
Pset — PL

PL < Pset * (1 - 05) where PA = Pset, prA = o

H H
= € = — <Oé + 1) “pA+ (a + 1) * Pset (269)

The controller is designed analytically based on the transfer function between the level
flow Qg and the level pressure py. The transfer function is derived based on the level
pressure dynamics where it is seen from the RGA number analysis (see ﬁgure that the
decoupling eliminates cross-coupling thus making it possible to neglect the load pressure
dependency as

g

gy =———— — K . —-K . 2.70
DH Va (H+ o) Qn pL - pL —Kupn - o (2.70)

~0

The level pressure dynamics is linearised and Laplace transformed into the s-domain as

. ‘ _ pH(S) 1 1
P} = Cisim(s) = Qu(s) N Krupu,o " Vao(a+Ho) 541 (2.71)
’ BoKupH,0

The transfer function is used to determine the slowest possible configuration (maximum
time constant) by analysing the variation in time constant in relation to cylinder position.
The plant is used to design both a PI controller and a second order filter. The filter is
added to damp the magnitude before reaching the undesired region of 100 rad/s equivalent
to the natural frequency of the hydraulic system. A phase margin of 51 degree and a gain
margin of 7 decibel is obtained.
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The level flow Qg will be infeasible when the pressure level in the return side is below the
set pressure pge; as this phenomenon is not accounted for in the reference generation. Since
it is not possible to realise the generated reference, the PI part of the controller output will
increase through the span of the load holding sequence. To prevent unwanted increases in
integrator influence it is necessary to implement integrator anti wind-up to cope with the
feasibility induced saturation. This issue may also be solved by modifying the reference
generator to produce feasible references for return pressure levels below pge;. Simulation
results in (Hertz et al., 2016b, p. 68) show undesired oscillations in both cylinder chambers
when testing the pressure level control.

The motion controller is designed with a similar approach using the transfer function rela-
tion between the position x and load flow Q7. The relation is derived using the decoupled
load pressure dynamics combined with Newton’s second law for the mechanical system.
The transfer function bode characteristics in (Hertz et al., 2016b, p. 69) show a large res-
onance peak equivalent to under damped behaviour. It was assumed that the oscillations
seen in the verification of the pressure controller is caused by the under damped behaviour.
To increase the damping and minimise the oscillations, it was suggested to extend the mo-
tion controller with a load pressure p;, feedback.

The load pressure feedback is used to modify the damping coefficient of the system by
including a variable/tunable gain K 4. The implemented control law is defined as

QL= (Qr — Kaa-pL) (2.72)

The block diagram of the closed loop structure is shown in figure [2.17]

Q71 @ QL T
QH é Py
ZoM
24 Dy
Kad

Figure 2.17: Block diagram of the load pressure pr, feedback structure.

Based on this implementation it is possible to lower the oscillations and manipulate the
damping coefficient to the desired value of 0.7, which is considered the best trade-off
between overshoot and settling time. The position control is implemented using a PI
controller and a velocity feed forward extension used to cancel out the influence of the
volumetric change. The controller structure is shown in figure [2.18

Based on the suggested control strategies for the position, it has been possible to obtain
the stability margins listed in table The closed loop position control is stable even for
an initial pressure of 4 bar which proves the desired robustness in the low bulk modulus
region.

2.7 H Dynamics

This section is based on (Schmidt et al., [2017)).
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Figure 2.18: Block diagram of load pressure position control structure.

Pressure Phase Margin [°] Gain Margin [dB]
Pressure: pg = 30 bar 52 16
Pressure: pg =4 bar 46 6

Table 2.7: Gain and phase margins of the designed controller and plant, obtained from the
open loop bode plots. (Hertz et al., [2016b)

The decoupling analysis presented in section [2.5is based on the assumption that neglecting
the H dynamics will provide the most conservative design platform. The validity of this
assumption is investigated in the following by including the neglected H term in the virtual
level pressure dynamics pg thus allowing a bode plot study of the its impact on the transfer

function g’; (Ss)_ The H parameter is restated here for ease of reference.

VB

H = 2.73
a-Vy ( )

The level pressure dynamics, including the H dynamics is expressed as
pu=pa+H- pp+H pp (2.74)

By utilising equations (2.25)), (2.26]), (2.43]) and (2.44]) it is possible to rewrite the pressure
level dynamics such it only depends on the virtual pressure states. It is further assumed
that B4 = Bp = B which is considered a reasonable choice as both chamber pressures
during high-speed operation are pa, pp > 20 bar.

5 H
— (O — K . — K . + .
Va- (H ) ( H HpL " PL HpH pH) H (

PH = PH — PL) (2.75)

where Kppr, Kppr, and the input level low Qg are defined as

K
Kppg = —Kpigp - a+ ng (2.76)
K
Kupr = —Kpigp - H — ng (2.77)
Qu = (-t ) (8K, -~ (Qav + 227 (275)

The time derivative of H is calculated as

H="2.H i (2.79)



The H dynamics are substituted into equation (2.45)) producing the nonlinear level pressure
gradient as

: p . Ax-(H+1)
PH = VA(H‘FO‘)(QH _KHpL “PpL _KHpH 'pH—fU'? ’ (PH—PL)
f(w.pr,pH)

(2.80)

The unique design of the SvSDP system ensures a pressure build-up in the return side
chamber during high-speed operation, making it possible to assume a constant bulk mod-
ulus 8 = Py. The volume V4 and parameter H are both varying based on the cylinder
position z, linearised at = 0.12 m based on a eigenvalue sweep of the hydraulic system
matrix shown in equation . The implementation of the H term introduces the cylin-
der velocity state thus requiring a linearisation. This effect is linearised using a Taylor
approximation as

f(@,pr,pH) = K +Khz - A+ Kuam - Apa + Kpor - Apr (2.81)
~0
where 5
) Aq-(Hp+1
Ky, = ﬁ = Aot 1) ~(pHO — PLO) (2.82)
695 z, 50
op Ay (H 1
Koy = 20| _ ;  Aa(Hot1) (2.83)
OpL |g, Bo
) Ay - (H 1
KHzH:apl :io_w (2.84)
O |y, Bo

where z, is the linearisation vector containing o, pro and pgo. It is decided to sweep
through multiple cylinder velocities. The pressure linearisation points are also swept
through, but does not change the result significantly. For simplicity purposes it is de-
cided to choose pyo = pro = Kpu, = 0. Utilising the defined linearisation constants
makes it possible to present the linearised level pressure gradient as

Bo

= ——0 (Qu— (Kupro — Kner) - pr — (Km0 — Kiesr) - pr — K
DH Vao- (Ho + ) (QH (KupL0 HzL) - PL — (KHpH,0 HzH) * DH K?:ﬁ)

(2.85)

The linearised level pressure gradient is used together with a similar linearised load pres-
sure gradient to formulate the virtual state space matrix G 7 Where the influence of H is

included. To further study the impact of H it is chosen to evaluate the virtual state space
against the simplified transfer function between Qg and py expressed in equation (2.71)).
The simplified transfer function is restated here for ease of reference and is derived using
H=0,%=0and p; =0. The p;, and & dependencies are considered as disturbances.

pH(s) 1 1
o _ . 2.86
H,sim (5) Qu(s)  Kmpmo w Ss4+1 ( )
‘KppH,0

To guarantee that the choice of omitting the H dynamics is conservative it is necessary
to study the bode plot behaviour in relation to the virtual state space system and the
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simplified transfer function, where it becomes obvious that H may be neglected. The
virtual state space is combined with the valve dynamics presented in subsection[2.1.2] The
transfer function matrix entrance related to Qg and pg is chosen. The bode plots are
shown in figure 2.19]
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Figure 2.19: Bode plots used in the H analysis.

The bode plot characteristics in figure indicate that the simplified system may be con-
sidered the most conservative design choice, up to the frequency where the valve actuator
dynamics starts to dominate the system. The simplified system is producing the highest
magnitude of all the non-simplified systems regardless of cylinder velocity. It is further
seen that the simplified system, without the H term, is producing the slowest possible
configuration by having the smallest pole location. Based on the shown analysis results it
is concluded that H may be neglected from the decoupling analysis and future controller
designs.
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2.7.1 Control Verification

The control verification is included to showcase the achieved performance of the SvSDP
system. It should be noted that this verification is done, based on tuned controller per-
formance and not the originally designed parameters. Two of the parameters related to
the load pressure feedback and the pressure compensator needed tuning. Both the load
pressure feedback gain K4 (see figure and the proportional part K, of the pressure
controller G g (see figure were lowered. The reduction of the load pressure feedback
gain is related to the damping difference between the nonlinear model and the test bench.
The tuned controller parameters are listed in table 2.8 and

Parameter Value Unit
K, 1.33-10" 11 Fr)ni Parameter Value Unit
a:s
K; 1.00- 10711 o, K, 013 =
a- 2
W it 30 rad K; 0.53 ?—23
Erilt 0.6 - Ko 0.20 Pas
Table 2.8: Level pressure controller param-  Table 2.9: Position controller and load pres-
eters. sure feedback parameters.

The tuned system and nonlinear model are both subjected to the position sequence shown
in figure [2.20a], with the purpose of comparing the dynamic behaviour of both systems
and further showcasing the performance of the tuned controller. The velocity reference
is generated based on the derivative of the position sequence, used as input to the feed
forward strategy implemented in the position controller. The results from the SvSDP
system are obtained using the load side controller with a reference load of 0 kN. It is
seen from figure that the load side controller is not capable of ensuring the desired
reference, which is why this data is recorded and fed back into the nonlinear system thus
calibrating the dynamic model behaviour to the test bench.
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Figure 2.20: Simulation results compared with measured data on the test bench.

The results indicate that it is possible to achieve a high tracking performance with positions
errors below 1 mm, making the SvSDP performance very suitable for precision tasks. The
low error values in figure [2.20g are produced even with a load disturbance of approximately
+5 kN as shown in figure 2.20b] The deviation in the pressure results for both chamber
A and B in figures [2.20d] and [2.201] respectively is assumed to be related to a deviation in
the modelled pump leakage. The controller is capable of ensuring similar DC values for
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both systems, whereas the main difference is present in the transient behaviour, where the
pressure levels are dropping rapidly in the test bench measurements.

2.8 Efficiency Analysis

It has been proven in (Groenkjaer and Rahn|, [2015)) that the SvSDP system is an energy
inefficient solution at cylinder standstill compared to a conventional valve drive. The
throttling losses in the SvSDP setup is greatly reduced as only excess flow is throttled
through the proportional valves. In a conventional valve controlled drive (VCD) the main
flow is throttled over a valve and thereby introducing losses according to

P=0Q- Ap (2.87)

In (Hertz et al., [2016b) it is shown, from a case study, that the main losses in the SvSDP
at low cylinder speeds (4 ~ 0) is related to ohmic losses in the PMSM due to large torque
requirements whereas the mechanical loses were small in comparison. The VCD is capable
of closing the valve at stand still resulting in only a small amount of leakage, yielding
P, = 0 for P,;; = 0 when excluding the motor and pump.

2.8.1 SvSDP power distribution

The power consumption for the SvSDP and VCD setup is experimentally evaluated in
(Groenkjaer and Rahnl| 2015)) for a predefined load and trajectory. The evaluation is based
on the trajectory seen in figure with an applied load of 20 kN. The VCD results are
obtained using the load side as the driving unit whereas the SvSDP system is used to
emulate the load profile of 20 kN.

250 of . L ]
150} 75} _Wi_Wi:VCD WO_WO:VCD ]
I < 6t :
c 50 %‘ 4.5}
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Figure 2.21: Trajectory used for power Figure 2.22: Power consumption results,
consumption analysis. (Groenkjaer and  used to show the power advantage and dis-

Rahnl, 2015) advantage related to the SvSDP compared
to the VCD system. (Groenkjaer and Rahn)
2015))

The input power to the SvSDP system is measured on the DC bus whereas the power
input to the VCD is estimated from the flow over the valve times the pressure drop. The
output is estimated from the cylinder speed and the load force. The input and output
power in the system can be seen in figure

It is seen that the output power of both systems are equivalent which makes it possible
to compare the input power. The VCD uses more power at speeds different from & ~ 0

34



whereas it uses approximately zero power at © = 0. For low velocities it is seen that the
SvSDP consumes approximately 0.6 kW of input power to produce zero output power.
It should be noted that the SvSDP setup design allows the potential of recovering power
back into the grid, when the system is driven by an external load. The recovery region is
present in the region of approximately 10 s to 13.5 s in figure [2.22] The currently used
setup is designed to burn the generated power in a large breaking resistor.

The power distribution at multiple cylinder speeds within the SvSDP setup is analysed
in (Hertz et al.; 2016b) and the result will be summarised here. The torque excitation
on the PMSM is 28 Nm in a load holding situation like the one presented. From the
data sheet (Rexrothl 2016)) the current at stand still holding 28 Nm is found. Assuming
linearity between torque and current in the vicinity of the load holding torque, and further
assuming the losses at standstill can be estimated in a DC case the ohmic losses can be
described by

L-1p )2 (2.88)

Thold

The values for Ry, Thoig and I are 0.79 , 28 Nm and 15.2 A. The mechanical power used
to run the pumps are given as

PMotO’r’ZS'Rw‘<

Ppump = Tp - wim (2.89)

where Tp is the shaft torque calculated in equation (2.5). The total power consumption is
expressed as

PT - PMotor + PPump (290)

The results shown in figure supports the method as there is a good correlation
between measured power input and estimated power input. From figure it is seen
that the main losses in the SvSDP setup at low speed is caused by ohmic losses in the
motor whereas mechanical losses in the pumps are small in comparison. A further study is
conducted in Appendix [D] for multiple load cases to showcase the strength of the method.
To make the SvSDP versatile and more energy efficient it is necessary to reduce the power
consumption at low cylinder velocities.
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(a) Full test sequence (b) Zoom at load holding

Figure 2.23: Power consumption of different parts of the drive compared to experimental
measured DC-Bus data.
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Project Goals

This master thesis is a continuation of the work and results presented in (Hertz et al.
2016b)). Analysis results presented in section show that the SvSDP system is ineffi-
cient at low to zero cylinder velocity, where the match ratio is below one equivalent to no
return side pressure build-up.

To make this concept more suitable for a broad range of applications, it is first necessary to
design a load holding capability to minimise the power consumption associated with load
holding sequences. The design modification should target to ensure the existing dynamic
performance under closed loop position control.

The project is divided into the following main tasks
e Conceptual study of load holding functionality designs

e Model implementation for further development and testing of the chosen concepts
covering both the valve-drive system and pump implementation solutions

— Development of simulation models

— Control strategy designs

e Evaluation of the developed design targeting control performance and energy effi-
ciency
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Conceptual Study
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.3 Balancing of Shaft Torque| . . . . . . . .. .. oo o 41
M4 Concept Selection]. . . . . . . . . .. 43

The conceptual study is based on a topology optimisation, meaning that it is desired to
consider appropriate design modifications to the original SvSDP system without changing
the main functionality and advantages. The main design objective is to reduce the ohmic
losses. Two topologies are proposed and described on a conceptual level, including a
pressure reduction solution and a torque balance solution.

It is required to always run the motor even at zero cylinder velocity due to the present
pump leakage. This phenomena is reason enough to discard the pure mechanical solutions
where either a motor brake or self locking worm gear could be used to reduce the holding
torque. Each proposed concept is presented using a hydraulic diagram and a functionality
description. It should be noted that this chapter only serve as a pre-conceptual study to
create an overview of the main functionalities.

This chapter includes two topologies presented in the following order.
e Pressure reduction concept
1. Valve based solution
e Torque balance concepts

1. Valve based solution

2. Pump based solution
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4.1 Initial Conceptual Study

The motor related ohmic losses are present in the SvSDP system whenever an applied load
is carried directly by the pumps, equivalent to having a large pressure differences across
the pump ports which are proportional to a shaft torque. It is important to emphasise
that the ohmic losses dominate the achievable efficiency only at load holding situations
(Fload # 0 and & ~ 0) whereas the mechanical power (Tp - wy,) at high speed operation
is known to dominate the total system losses. This phenomena is shown in the restated
figure where it is seen that the mechanical losses denoted with Ppyy,, are almost zero
whereas the ohmic losses Ppjoor are proportional to the measured DC-bus input power.

2000 T
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Figure 4.1: Power consumption related to load holding sequences. The full sequence is
presented in section .

The relation between shaft torque and ohmic losses indicate that it is possible to achieve a
loss reduction if the pump port pressure levels are reduced or by effectively balancing the
pressure levels over each pump proportional to balancing the total shaft torque.

4.2 Reduction of Pump Pressures

The reduction of the pump pressures would effectively reduce the required hold torque
at load holding sequences. This feature could be obtained by implementing additional
valves, capable of closing the connection between the cylinder and the pumps or tank
and pumps thus emulating the functionality of a valve controlled drive by eliminating the
influence of the pump leakage. It is considered paramount to not affect the original SvSDP
performance and energy efficiency at high speed operations, meaning that the implemented
valves should be designed with a large opening area thus eliminating the pressure drop over
the valve at fully opened position.

The idea of implementing additional valves seems viable but will increase the complexity
of the control task by adding to the number of controlled inputs. Three distinct valve
positions are possible as illustrated in figure The desired main functionality of blocking
the flow lines are ensured for all illustrated valve positions. If it is possible to fully close
the valve with no valve leakage present thus requiring zero motor velocity and zero hold
torque, it will ideally require zero input power to hold any external load.

Valve position 2 and 3 in figure d.2]have similar advantages, compared to position 1 and are
at this stage not distinguished in between. The functionalities of the two overall remaining
valve concepts are presented as

e Position 1 Located between pump and tank: closing the valve results in no leak-
age in the system allowing the possibility of turning off the motor. The valve will
introduce low throttling losses as it is placed in a low-pressure region of the system.
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Figure 4.2: System concepts where it is possible to turn of the motor.

This position choice will cause a pressure to build up in the backside chamber of the
pump. The existing pump units are designed to have a backside pressure of no more
than 4 bar, meaning that a pump replacement is required to implement this concept.
It is assumed, that a component replacement will be expensive thus considered a
major disadvantage.

e Position 2/3 Located between pump and cylinder: closing the valve results in the
cylinder chamber having no significant leakage. It is therefore possible to stop the
motor during load holding. The pump leakages will still affect the control volumes
located under the closed valves forcing the pressure levels towards tank pressure even
with zero motor velocity. The reduction in pump pressures may cause problems in
relation to the achievable tracking performance, as the system needs to build up
pressure to react on cylinder disturbances equivalent to an initial loss of oil stiffness.

The valves between tank and pump are discarded based on the notion that it is necessary
to implement expensive new pumps. The focus is thus shifted to position 2 or 3, where
the valves are situated above the pumps in the main flow lines.

4.3 Balancing of Shaft Torque

The torque balance proposal is based on the idea of utilising the difference in the pump
mounting orientation hence the possibility of balancing the total shaft torque if it is possible
to control the pressure levels above the pumps. The design challenge is to achieve the
control possibility without losing the original system performance.

The torque balancing concepts are divided into two main ideas as described in the following.

e Concept 1 - Valve-drive system Formulated using only valves to create a sup-
ply system, where it is possible to obtain the same pressure levels on two opposite
oriented pumps thus reducing the total shaft torque. The valve-drive system struc-
ture is combined with two flow line valves, used to control the cylinder movement
equivalent to a 4/3-way valve controlled drive. The valve-drive concept is illustrated
in figure [4.3|

e Concept 2 - Pump implementation Based on a non-invasive approach, where
one or two additional pump(s) and coherent valve(s) are included to the existing setup
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capable of reducing the total shaft torque by controlling the pressure levels over the
included pump(s). The pump implementation concept is illustrated in figure

Figure 4.3:  Valve-drive sys- Figure 4.4: Pump implementa-

tem concept, showcasing possible  tion concept, showcasing possible

valve locations (1/2/3). valve- (la/1b) and pump place-
ments (2a/2b).

4.3.1 Valve-drive system

The valve-drive system concept shown in figure [.3]is designed such it is possible to switch
between the original system and valve-drive system. The switching feature is used to
divide the high-speed operation and the load holding operation. Valve position 3 is used
to illustrate the throttling feature used to connect the two main pump chambers. The
manifold should be modified such it is possible to effectively reduce the shaft torque by
allowing the connection of pumps one and three or pumps two and three. Positions 1
and 2 illustrated in figure are used to denote the potential placement of the main
line flow valves used to actuate the cylinder at load holding sequences. Similar to the
pressure reduction concept described in section [£.2] it is desired to implement valves with
an opening area to minimise the throttling losses at high speed operation.

It will always be possible to have a positive pressure gradient if the flow displacement
into the system is larger than what is drawn out. The connection of control volumes
will reduce the torque produced from the pumps in relation to equation (2.5) where one
pump counteract the others. The supply system will be affected by leakage flow which
contributes with additional losses. This effect is disregarded when weighting advantages
and disadvantages since it was shown in section [2.8|that the main losses are related to the
load holding torque resulting in ohmic losses.

4.3.2 Pump implementation

The pump implementation concept is considered a non-invasive approach since it will not
require a redesign of the existing manifold block. The complexity of the control task is
increased by adding either one or two more inputs to the existing structure of the SvSDP
system. The working principle is based on the utilisation of pump orientations making it
possible to generate both positive and negative torque based on the implemented pumps.

The concept may be designed by utilising a single reversible external gear motor (EGM)
capable of supplying a bidirectional flow and withstanding high pressure on both ports or
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by implementing two opposite oriented external gear pumps (EGP). The original SvSDP
system is designed to utilise the difference in pump displacements to achieve a return
pressure during movement. The displacement difference makes it difficult to choose a
single torque pump suitable for both positive and negative load cases. It is not desired to
utilise the torque reduction functionality in situations where the external force direction
is equivalent to the desired cylinder movement direction. The reason for this criteria is
related to the design of the SvSDP system where it is possible to recover power back into
the grid when the external load may be used to drive the system.

4.4 Concept Selection

The proposed pressure reduction method is similar to the valve-drive system concept in
terms of using controllable valves in the main-flow lines. Both concepts will increase
the complexity of the analysis and control tasks by masking the influence of the motor
velocity in the cylinder dynamics as the supply flow is connected through the intermediate
valves. Both the valve-drive system and the pressure reduction concepts require a bump-
less transition between load holding operation and high-speed operation. It is not possible
to ensure a pump side pressure when using the pressure reduction approach, since the
functionality is only capable of preventing the pump leakage from affecting the cylinder
position with closed main-line valves. The loss of stiffness is a major disadvantage since
previous analysis in (Hertz et al., 2016b)) indicate that it will affect the system to such a
degree, that it is not possible to obtain the desired tracking performance and disturbance
rejection. The valve-drive system method provides the possibility of having pressure in
the system at all time while still reducing the shaft torque significantly.

The comparison and study of the above mentioned valve-drive system concept and pres-
sure reduction concept sets a basis for choosing the concept that possibly gives the best
performance and the most versatile control for the general purpose hydraulic drive. By
utilising the pressure reduction method it is theoretically possible to drive the motor torque
to zero at cylinder standstill by turning off the motor. This is only possible at the cost
of having no pressure in front of the pumps which will cause a unacceptable reduction in
tracking performance. Based on this notion and the additional advantages of the valve-
drive system, such as extra manipulation possibilities and robustness at all times towards
disturbances, it is chosen to further develop the valve-drive system method. The pump
implementation concept utilises pressure balancing to reduce the shaft torque, whereas the
implementation and system restrictions vary compared to the valve-drive system concept
as no main-line valves are used. It is essential to continue the study and specifics of this
concept, as it could have impact whether the EGM or EGP approaches are utilised.

4.4.1 Selected concepts

Since both torque balancing concepts (valve-drive system and pump implementation) are
of interest, it is decided to continue the study of both ideas with the purpose of evaluating
each concept in terms of system analysis, decoupling, feasibility and control strategy. It
is essential to start each evaluation process with an extended topology optimisation to
determine the design specifications. The chosen torque balance concepts are listed in
project parts as

e Part 1 Valve-drive System e Part 2 Pump Implementation
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Part 1

Valve-drive System
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Valve-drive System
Concept

[0.1 Concept Proposals| . . . . . ... ... .. 47
[5.2 Concept Selection]. . . . . . . . . . 49

The valve-drive system concept is designed to emulate the functionality of a valve controlled
drive at load holding sequences by ensuring the possibility of a constant supply pressure.
This chapter is used to further develop the concept with focus on practical implementation
aspect and on achieving the possibility of switching between load holding and SvSDP
modes.

5.1 Concept Proposals

The total shaft torque is a product of the pump displacement coefficients, which is why the
total torque is effectively reduced if the pumps are matched to minimise the displacement
difference. The shaft torque is proportional to the required mechanical power and the
approximated ohmic losses as described in section Based on that notion it is possible
to state that having close to zero torque on the shaft will be proportional to almost zero
current which effectively eliminates the ochmic losses.

To achieve shaft torque reduction it is necessary to match the pumps such that the dis-
placement of the input pump is always greater than the displacement of the output pump
in order to ensure a positive pressure gradient. The pump locations of the original SvSDP
system are shown in figure [5.1

Figure 5.1: Pump overview used to showcase the pairing possibilities.

The existing pumps may be combined in three possible solution pairs as
e Pairing 1 Supply flow with pump one and remove flow through pump three
e Pairing 2 Supply flow with pump three and remove flow through pump two

e Pairing 3 Supply flow with pumps one and two and remove flow through pump
three
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It will not be possible to obtain a beneficial match for pairing 3 as Kp1,+ Kpow >> Kps,.
The displacement ratio between pump 1 and 3 is similar to the ratio between pump 3 and
2 introducing a large torque reduction, making these pairing designs applicable.

The minimisation of displacement differences present in pairing 1 and 2 will contribute to
a greatly reduced shaft torque. It should be noted that the supply system configuration
during load holding will cause the motor velocity to always be different from zero to ensure
a supply pressure larger than the chamber pressures. Due to the similarity of pairing 1 and
2, it is necessary to evaluate the concepts based on practical implementation in relation
to redesign of manifold and number of required components.

Due to the motor velocity different from zero it is considered for each pairing that the
transition between load holding operation and high-speed SvSDP is a complex task. At
load holding operation the motor direction is fixed whereas the cylinder velocity is governed
by the motor direction in high-speed SvSDP operation.

5.1.1 Pairing 1

The design of the SvSDP system with a switched pump 2 sets limitations on the possible
pump utilisation methods. Since it is desired to supply the system using pump 1, it is
required to eliminate the influence of pump 2. A possible solution to circumvent this
problem is to replace the original anti-cavitation check valve Qv apo connected to pump
2 with a solenoid controlled valve such it is possible to either forcefully idle pump 2 or
operate normally. The proposed concept is illustrated in figures and [5.3] where two
four-quadrant plots are used to showcase the eight possible flow modes in relation to the
match ratio y, cylinder velocity and external load.

The replacement of the check valve is assumed possible without a full redesign of the
manifold block. A second valve is implemented to connect the control volume under the
A-side valve with the control volume under the B-side valve thus connecting pump 1 and
three. The second valve may be placed at the manifold outlet ports acting as a non-
invasive component. The loss contribution of the idling pump 2 is considered negligible in
comparison to the active pumps. The operation modes are divided as

e Y > 1 High-speed operation "Original SvSDP"

e Y <1 Low-speed operation "Load hold"

5.1.2 Pairing 2

The second pairing option requires more extensive modifications to the manifold to include
the desired supply system feature to the existing SvSDP setup. The proposed design will
require an additional two valves similar to the first pairing option. The first valve is used
to connect pump two and three together with the relevant control volumes. The torque
reduction is done by idling pump one through a valve capable of blocking the main line flow
direction while leading all oil into the backside which is connected to the tank through
check valves. The valves are designed such the normally closed mode is producing the
hydraulic circuit equivalent to the original SvSDP system. The proposed hydraulic circuit
and possible flow modes are illustrated in figures and using similar approach as the
first pairing solution.
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Figure 5.2: Four-quadrant flow modes for x > 1 related to the first pump-pairing design,
connecting pump one and three.

5.2 Concept Selection

It is complicated to determine the most viable pairing proposal based on only preliminary
analysis results. It is however possible to further study the extend of the manifold redesigns
to provide further arguments to the selection process. The redesign requirements are briefly
outlined for both pairings. The main-flow valves are not considered in this process as they
are implemented in the same way with the same purpose in both manifold designs.

e Pairing 1

- Replacement of existing check valve Qcyapa with a solenoid 2/2-way valve.
The manifold block is designed such it is possible to easily replace the mounted
check valves. The dimensions of the used check valves are standardised and it is
further known that applicable 2/2-way valves exist such it is possible to achieve
the desired functionality.

- Implementation of throttle valve used to connect pumps one and three. The
throttle valve may be placed outside the existing manifold block thus requiring
no additional modifications.
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Figure 5.3: Four-quadrant flow modes for x < 1 related to the first pump-pairing design,
connecting pump one and three.

e Pairing 2

- Implementation of 3/2-way connection valve used to connect pumps two and
three with the A-side control volume. The control volume related to the second
pump is contained within the manifold block, thus the requirement for more
extensive modifications to implement the desired functionality. In worst case,
it is not possible to obtain the functionality without a complete redesign of the
manifold.

- Implementation of 3/2-way idle valve used to disconnect the influence of pump
one. It is required to implement the valve in the main-flow line of the first pump
just before the flow junction where the check valve is connecting pumps one and
two. The flow junction is located inside the manifold hence the requirement of
a redesign.

Both pump pairing proposals are capable of ensuring the desired supply system function-
ality but with different implementation difficulties. As it is possible to locate an actuated
check valve for the first pairing proposal, it will be possible to implement the modifications
without any redesign. The second proposal requires extensive redesigning and will further
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Figure 5.4: Four-quadrant flow modes for x > 1 related to the second pump-pairing design,
connecting pump two and three.

increase the pressure drop losses during high-speed operation as both implemented valves

are situated in the main-flow lines of pump one and two.

Based on the practical aspects outlined in this section it is concluded that the first pairing
is more suitable to implement as no additional design modifications are required while

ensuring no performance reduction in high-speed operation.
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Figure 5.5: Four-quadrant flow modes for y < 1 related to the second pump-pairing design,
connecting pump two and three.
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The hydraulic model is a combination of multiple components and chamber dynamics. The
check valves present in the manifold are modelled using the same approach as described
in section This section will cover the modelling aspects of the introduced components
and control volumes which differ from the original SvSDP system. The manifold design
contains two new valve implementations (Qy1 and QQy2 used to minimise the motor torque.
The hydraulic diagram of the proposed manifold design, cylinder and control volumes is
shown in figure [6.1

The control volumes are used to combine the different hydraulic components in the model
by applying flow continuity to each of the chambers. The different volumes are defined in
relation to the colors shown in figure The valve flow QQy1 is used to connect control
volumes Vi a4 and Viy g, whereas Qy o is used to idle the fluid around pump 2 which is
used to disconnect the pump. The two implemented proportional valves Qryva and Qrvp
in the main-flow lines are used to control the position of the cylinder. The cylinder system
is denoted as the system above the implemented valves whereas the backside is denoted as
the supply system. The added flow terms Qryar and Qryvpr in p4 and pp are used in
relation to the 4/3-way valve functionalities.

. e’g( Ve .
pa = V: (Qrva — Qrvar —Qav — 2 - Aa — QpRra) (6.1)
PR = (6.2)
pPQ—pm = (63)
) _ Perva
DPLVA = Viva (Q@p1+ Qcvapra + Qcevart — Qrva — Qvi — Qprrriva) (6.4)
. 8 e,LVB
Prve = (Qrve+ Qvi+ Qcvers — Qprs — QPRLVB) (6.5)
LVB
pPlesm - (66)
. . /Be,P?)fsm
PPs-sm = (Qps + Qcves — Qcveprs — QevBR) (6.7)
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Figure 6.1: Hydraulic diagram of the manifold and cylinder, showing pressures, flows and
control volumes.

The check valves (denoted with ’¢y’) included in the manifold are divided into valve sub
groups in accordance to subsection 2.1.1] The used constants for each valve type are listed
in table[A.T]from appendix[A] The motor velocity and pressure drop dependent pump flow
equations described in section [2.1] are reused to describe Qp1, Qp2 and @ ps.

6.1 Control Volumes

The control volumes included in the pressure dynamics are a combination of constant
volumes and position dependent volumes. The two variable volumes V4 and Vg are both
functions of the cylinder position thus making them a implicit function of time through
the position state. The variable volumes are expressed as

Va = Vatube + Tini - Aa+2 - Aa (6.8)

VA,constant

VB = VB tube + Zini - Ap —x - Ap (6.9)

VB,constant

The initial cylinder position x;y; is defined as the center position at 350 mm. The values
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for each of the control volumes are defined in table [6.11 The control volumes are defined
in relation to figure[6.1

Constant Value Unit
VA,constcmt 1.27- 1073 m?
VB,constant 1.20 - 10_3 m3
VP2—pm 0.50 - 1073 m?
Viva 0.09-107% m3
Vive 0.09-107% m?
VP12—sm 0.50-1073 m?3
Vp3sm 0.50 - 1073 m?

Table 6.1: Control volume list in accordance to figure

6.2 2/2-Way Throttle Valve Qy;
The implemented 2/2-way valve Qv is denoted as the throttle valve used to connect the
two main lines beneath the two main-flow valves Qv 4 and Qryg. The valve is modelled

using a laminar orifice equation combined with a dynamic model describing the plunger
position. The valve diagram of the throttle valve is shown in figure [6.2]

PLVA
"X o
Apy1

pLvB

Figure 6.2: Hydraulic diagram of the throttle valve Qy.

The used orifice equation in relation to figure [6.2]is stated as

2 .
Qvi=Cp-Ay1-zv1-4/ o |Apvi] - sign(Apv1) (6.10)

The plunger dynamics is modelled as a mass-spring-damper system using a second order
transfer function describing the relation between input position reference Xy ,.r to actual
plunger position Xy 1. The plunger dynamics is expressed as

2
Xvy1(s) _ Wn v
Xvirer(s)  824+2-&y1-wpyvi s+ wi,VI

(6.11)

6.3 2/2-Way Idle Valve Qy»

The functionality of the idle valve is to deactivate the influence of the second pump by
forcing open the connection between green and cyan volumes shown in figure [6.1] The
chosen valve includes a check valve functionality used to operate the standard SvSDP
system when higher cylinder speeds are required. The valve diagram of the idle valve is
shown in figure 6.3
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Figure 6.3: Hydraulic diagram of the idle valve.

The idle valve flow Qy 9 is described based on the same orifice equation used to model the
throttle valve. The valve dynamics are extended to contain a pressure and position depen-
dent logic. The valve is designed such the normally closed functionality covers the desired
check valve behaviour whereas the solenoid is used to force open the valve regardless of
the pressure drop sign.

The dual functionality of the valve is modelled by calculating the possible valve openings
in relation to both the solenoid input voltage and pressure, respectively. The equivalent
plunger position for both methods are then compared, where the maximum value is chosen
as input position to the orifice equation. By employing this method of comparison, it will be
possible to obtain both the check valve functionality and force the valve open in accordance
to an external user input. The common plunger position is calculated as

Ty = max {Tya e (Apva), Tvaso(uva)} (6.12)

where the check valve related position zy2 ., is calculated using the quasi-static approach
described in subsection governed by the pressure drop across the check valve ports
Apya. The solenoid related valve opening xy2 s, is coupled directly to the input voltage
where a scaling is employed to ensure that maximum voltage is equivalent to a fully open
valve (zy2,50 = 1).

The quasi-static and normalised check valve model is expressed as

0 Apyo < py2er

APVQ_pVQ cr
_ s e <
Pv2,end—PV2,cr Pv2er = ApV2 < Pv2.end (6.13)

1 Pv2.end < Apya

xVQ,cv(ApVQ) =

where pya . is the necessary crack pressure to open the check valve and py enqg is the fully
open equivalent pressure drop across the valve.

The dominating valve position obtained from equation (6.12]) is used in the orifice equation
as

QVQ = KVQ,norm AR ‘ApV2| . Sign(APVﬂ (614)

where Ky2 norm is denoted as the valve constant derived based on the valve opening area,
fluid density, discharge coefficient and a scaling factor which takes the normalisation of the
plunger position into account. The dynamic behaviour of the plunger mass is modelled
using a second order system as

Xya(s) Wrzl,vz

Xvarer(s) 8242 Eva-wavz-s+w)

(6.15)
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6.4 Main-line Valves (;y4 and Qryp

The two 4/3-way directional main-line flow valves Qry4 and Qryp are modelled using
three separate states, capable of eliminating flow, throttling chamber pressures to tank or
supplying the chambers. The hydraulic circuits for both valves are illustrated in figures
and where the equation inputs and parameters are included.

pa
Aprva
TLVA J/ I 171 I/W Qrva
TIT T Aprvar
QLv AT

pr L] PLV A

Figure 6.4: Hydraulic diagram of the Qv 4 valve.

PB®

Aprvs |

QLvB ITL L 1 TLVB
U AN

ApryvBr T T

QrLvBT

PLVB Ll pr

Figure 6.5: Hydraulic diagram of the Qryp valve.

The valve opening dynamics is described using the same approach as described in both
the idle and throttle valves Qy1 and Qyo as

Xrva Wi LVa
Lva(s) LV (6.16)

XLVx,ref(S) 5242 §Lve Wn,LVg - S+ wZ,LVm

The input position with dynamics Xy, is used to determine the different orifice states as

Krve - Xivae - VIADPLV2T| —1< X1y, <0
QLvar = (6.17)
0 0< Xrve
0 XLVz § 0
QrLvz = , (6.18)
; Krve Xpve - /|Aprve| - sign(Aprve) 0 < Xy, <1

where Qv .7 is used to describe the tank flow present for negative position references and
Qrvs is used to describe the main-line flow between the supply system and the system
chamber. The valve constant Ky, describes the fluid density, discharge coefficient and
area opening. The pressure drops are expressed to define the positive defined direction as

AprLvAT = pr — P2y APLVBT = Pz — PTs APLvA = PLvA —PA, ADPLVB =DPB — DPLVB
(6.19)
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Since it is is desired to use a linear control strategy it is necessary to linearise the nonlinear
model presented in chapter [6] The linear model is split up into the sub models shown in
table [7.1] with the purpose of allowing analysis of relevant parts.

Sub model Subscript
Cylinder HC
Supply system S
Combined hydraulic g pc
Actuator AC
Combined model OM

Table 7.1: Collection of used linear sub models with defined subscripts.

The valve-drive system concept may be divided into three governing systems as illustrated
in figure [7.1] The illustrated systems are all excluded the actuator dynamics.

The categorisation of systems is related to the functionality of the valve-drive system con-
cept, where the motor is used to ensure a constant supply pressure for the main flow valves
which effectively reduces the direct influence of the motor velocity on the cylinder dynam-
ics.

The system above the implemented valves is denoted as the cylinder system whereas the
supply system is defined as the region below the valves. It should be noted that the
combined hydraulic model G s HC with included actuator dynamics G AC is denoted as the
combined model G oM ’

29



Figure 7.1: Overview of the combined hydraulic system G S HO consisting of supply system
G ¢ and cylinder system G, c

7.1 Linearisation

Before it is possible to formulate the relevant state space systems, it is required to linearise
the nonlinear governing equations. The linearisation is done by either assuming constant
behaviour or by employing Taylor approximations. The used equations are linearised
separately in the following.

7.1.1 Newton’s second law

Newton’s second law is restated here for the ease of reference.

1

= M(pA'AA_pB‘AB—FL—Ff,sys) (7.1)

The nonlinear parts of this equation is limited to the friction term FY s and the external
load Fp. It was shown in section [2] that the external load can be seen as a disturbance
and that the friction term can be reduced to the viscous friction. The resulting equation

becomes .
iZM(PA‘AA—pB‘AB—Bv'i’) (7.2)

7.1.2 Continuity equations

The continuity equations are separated into two parts, one with variable volumes and one
with fixed volumes. The continuity equations with constant volumes contain one nonlin-
earity related to the pressure dependent bulk modulus. The continuity equations with
variable volumes have two nonlinear parts, namely the bulk modulus and volume. It is
necessary to find a constant for these parameters. Bulk modulus is common for both equa-
tions and will therefore be evaluated first.
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It is assumed that any control volume containing hoses can be related to the experimentally
evaluated bulk modulus described in subsection 2.1.4l The nonlinear behaviour of the bulk
modulus is mainly present in the low pressure range below 30 bar. This system will be
designed to have a minimum pressure of 30 bar. It is therefore possible to assume a
constant bulk modulus calculated for chamber pressures equal to 30 bar as

Be,a,0 = Be,B,0 = Be,tv a0 = Pe,LvBo = Po = 6749.77 bar (7.3)

The constants for the continuity equations with fixed volume are

Krya= Bo (7.4)
Viva

Kppp— 0 7.5

LVB — VLVB ( . )

To ensure a linear behaviour of the continuity equations it is essential to calculate a con-
stant volume. The constant is derived as

Bo
K = 7.6
AT Vap + (Tint + ) Ad |y, (7:6)
Bo
Kp = 7.7
B Vep + @t — ) - Ap o=z0 (7.7)

The choice of linearisation point is done for the position producing the lowest natural
frequency of the system. This subject is further elaborated in subsection [7.6.2]

7.1.3 Orifice equation

The nonlinear orifice equation for flow in one direction is

2
Qori =Cq-A-xy- p (i —pj), Pj <pi (7.8)

The orifice equation is linearised through a Taylor approximation as

aQDT’i 8Qori aQori

AQori = ) Ty=y.0 Az, + Op;  |T=Tv.0 Ap; + Op.  |Te="v0 'Apj (79)
Loy Pi=Pi,0 Di Pi=Pi,0 p] Pi=Pi,0
Pj=Pj,0 Pj=Pj,0 Pj=Pj,0
N—— ——— S————
k/'qx kqpnc kquz

where subscript ;. is used to denote the specific valve. The linearisation coefficients are
calculated dependent on the linearisation points x,0, p1,o and pao. The linearisation

coefficients are
2

kgz =Cq-A- a (Pio — pj0) (7.10)
Caq-A-x0-V2
Fape = (7.11)
2-+/p-(pio—Pjo)
Cy-A-xo-V2
kapiz = — 4 - = —kqgpa (7.12)

2-+/p- (Pio — Pjo)
Since all the nonlinearities in the model are linearised or assumed constant, it is now
possible to reformulate the equations into state space notation.
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7.2 Cylinder State Space

The general state space system is described by the following equations.

(=2
Il
[

+Bu (7.13)

<
I
10 Ih
18
-3
=
N

where A is the system matrix, B is the input matrix, z is the state vector, i its derivative,
y contains the outputs and u contains the inputs.

The cylinder system includes everything above the two proportional valves Qry 4 and
Qrvp- It is assumed that the flows through the valves are realisable, meaning that the
supply pressure is always higher than both chamber pressures. The state space is derived
from the linearised pressure dynamics and Newton’s second law.

T 0 1 0 T 0 0 0 0 Qrva

. B, A As- .

FL_|0 =% o || T |0 0 0 01 |9ve| (715
PA 0 Kau 0 PA Ky 0 —-Kyg O Qav

DB 0 Kp 0 0 DB 0 —-Kgp 0 —Kp| |[Qsv
—— —— —_———

Zpo A Zpo B, Ypo

27 1.0 0 0 i

pal=10 010 (7.16)
DB 00 0 1] P4
- ———— |PB

7.3 Supply System State Space

The supply system state space is defined as the components and volumes present below the
implemented proportional valves. The control volume containing pump two is neglected
since the idle valve Qy2 (see quadrants 2 and 3 in figure is forced open, meaning
the pressure will not rise above tank pressure. The state space systems contains the two
volumes above the pumps separated by the throttle valve Q1. The inputs consists of
the two main line valves Qryva and Qryp combined with the motor input w,, and the
throttling valve Qy1.

[pLVA] _ [KLVA - Kp1p 0 } {pLVA:|
PLVB 0 ~Krvp - Kp3p| |PLvB
Zs és Zg
Wm
[ Krva-Kpiw —Krva 0 Kryva ] Qrva (7.17)
—Krvp - Kpsw 0 Krve —Krve| |QrLva '
P Qv1
=5 —_——
Us
DLV A 1 0 |pLva
_ 7.18
[pLVB] [0 1} [pLVB:| (7.18)
—_— e ——
Yg ES Zg
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7.4 Combined Hydraulic State Space
The combined state space is created from subsections [7.2] and [7.3] To connect the two
systems the proportional valves are modelled as described in subsection This in-

troduces the valve position as a input instead of the actual flow. In order to make the
matrices compact two constants are defined as

Ky = (Kpip = kgpra — kgpc) (7.19)
K3 = (Kpsp = kgprn — kgpe) (7.20)

The state space system becomes

& & pa P Prva PLVB]TZ

Zs o
[0 1 0 0 0 0 TT7 = T
0 —B 44 Aga 0 0 i
0 Ka —Ka-kgpa 0 —Ka - kgpra 0 PA
0 Kg 0 —Kp kg 0 Kp - kgL PB
0 0 Kpva-kgpa 0 Krva-K{ Kpva-kgpce| |PLva
0 0 0 Krve kg Krvs-kgpe Krve-K; | |pLvBl
———
éS,HC’ Ts HC
[ 0 0 0 0 0 0 1T wm ]
0 0 0 0 0 0 TLVA
N 0 Ky - kga 0 —Ka 0 0 TLVB
0 0 Kp - kyp 0 —Kp 0 Qav
Krva-Kpiw Krva-kga 0 0 0 —Kpva-ke| | @By
|—KrvB - Kpa, 0 Krvp-kep 0 0 Krvp ke | | wv1
—_——
ES,HC Us HC
x 100000 i
DA 001000
pe | =10 0010 0f]|P4 (7.21)
PLVA 0000T1o0|]|P?
VB 00000 1]]|Pva
——— —~ LPLV B
yS,HO g&}]c T
LS, HC

7.5 Actuator State Space

The actuator state space system contains the dynamics of the motor (see subsection ,
the 2 main line proportional valves, the main line throttle valve (see subsection and
the two original proportional valves (see section . The actuator state space is created
for the combined hydraulic state space. For other subsystems it is necessary to select the
relevant inputs and outputs. No change in the dynamics are present, if the valve represents
a flow or a plunger position.

The actuators are all described using second order dynamics. The general approach to
transform a second order system with input I(s) and output O(s) into state space is as
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follows

O(s) _ wy
I(s) $2+42-&-wp-s5+w? (722)
(i
LTHIGs) w2 =L7{O0(s) (5> +2- € wy s+ w?)} (7.23)
T
Ot) =1(t) w2 —2-€-w,-O(t) —w?-0(t) (7.24)
——

K

Based on the inverse Laplace transforms it is possible to create the actuator state space
system as

[ém Om Qav Qv Qav Qpv drva drve @vi dpva drve dvi)

(7.25)
Lac = ---
. : : . . . 1T
Wi Wm Qav Qv Qav Qv Tova Tovp Tvi fpva dLve dvi)
(7.26)
Upo = [Wmpef TLVAref TLVBref Tvigef Qaviees QBVires) (7.27)
A,0=
[0 1 0 0 0 0 0 0 0 0 0 0 ]
—w2 . Kn 0 0 0 0 0 0 0 0 0 0
0 0 0 0 1 0 0 0 0 0 0 0
0 0 0 0 0 1 0 0 0 0 0 0
0 0 —wiap 0 Ksav O 0 0 0 0 0 0
0 0 0 —wipy 0 Kgy 0 0 0 0 0 0
0 0 0 0 0 0 0 0 0 1 0 0
0 0 0 0 0 0 0 0 0 0 1 0
0 0 0 0 0 0 0 0 0 0 0 1
0 0 0 0 0 0  —wliya 0 0 Krya O 0
0 0 0 0 0 0 —W v 0 0 Kpvg O
L 0 0 0 0 0 0 0 0 —w2yy 0 0 Ky
(7.28)
[0 0 0 0 0 0
w%’m 0 0 0 0 0
0 0 0 0 w2, 0
2
B,.= 0 ) 0 0 0 0 Wy By (7.29)
0 wnrva 0 0 0 0
0 0 W,y O 0 0
2
| 0 0 0 Wi 1 0 0




The output matrix C4¢ is designed to implement the actuator dynamics into the full
model.

Co (7.30)

[esllen B en B e B e N
O =R O O OO
_ o O o oo
[l ealelall s
[ alell S =)
OO = O OO

7.6 Combined State Space

Combining the subsystems it is possible to create the combined hydraulic state space
describing the whole system including actuator dynamics.

T
Toy = |Zgpe Tac) (7.31)
. . . T
Loy = [Es,HC &Ac} (7.32)
Ucy = Usc (7.33)
The concatenated matrices are defined as
A B.. C
A — =S,HC =S,HC=AC (7_34)
=CM I Q éAC
"
B, = = (7.35)
=CcM : éAC
Cou = _gsﬂc Q] (7.36)

7.6.1 Transfer function matrix

The transfer function matrix G describes the relation between input and output in the
Laplace domain for multiple input, multiple output systems. It is possible to formulate G
from any of the state space systems presented above using the general approach stated as

G(s)=C[sL-A]"'B

(7.37)

7.6.2 Volumetric change

The position dependent volume is included in the hydraulic state space formulation (A He

and A S.H C). It is desired to formulate a linear state space system with constant volume.
In order to find an appropriate constant volume, it is decided to evaluate the plant at
different volumes. The volumes are calculated based on the cylinder position xz. The
cylinder length is 700 mm, equal to —0.350 < x < 0.350 m. The natural frequency of the
system is an indicator of the system response. To ensure a minimum performance for all
possible situations, it is common practice to linearise the system in the point where the
lowest possible natural frequency occur. The variation in natural frequency is analysed

through an eigenvalue sweep. The poles ¢ are calculated based on

o =eig(A, ) (7.38)
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The eigenvalue sweep is shown in figure where it should be noted that the plotted
cylinder system consists of four eigenvalues. Two of the eigenvalues are complex conjugated
whereas the remaining two are situated at origo.

150 . 0.03 % Ei

100}0.06 genvalue

50| %
0 %

50}

-100 0.06
. 0.03.

-150 *
-6 -4 -2 0
Real Axis [rad/s]

Imag. Axis [rad/s]

Figure 7.2: Eigenvalue (pole) sweep of 4, ..

The lowest natural frequency wy, min of the cylinder system is calculated at the cylinder

position zg = 0.12 m to

d
Wrmin = 105 % ~ 16.7 Hz (7.39)

7.6.3 Orifice linearisation parameters

The orifice equation is linearised in subsection [7.1.3] In order to find parameters for each
linearisation constant it is necessary to determine linearisation locations.

The orifice linearisation is done based on the assumption that the flow is realisable. To
ensure the validity of this assumption it is desired to generate a pump system pressure
reference of 30 bar above the maximum of both cylinder pressures. Based on this notion
it is possible to utilise the pressure differential in the orifice equation.

Apo = p; — pj (7.40)

p; being the pump side pressure and p; being the largest cylinder side pressure and the
pump system pressure. Introducing this in the orifice equation yields

2
Qom’ = Cd “A- Ly,0 * m (7.41)

The linearisation constant is then reduced to

kg =Cq-A-+/Apg (7.42)
kgpra = —Cd 7o V2 (7.43)
2-+/p- (Apo)

Apg is chosen to 30 bar as this is the pressure difference between the highest chamber
pressure and the pressure in the supply system. It is not possible to linearise around
the trivial solution of 0 bar since it may produce both zero flow and infinite flow from
equations and respectively. Instead it is chosen to linearise around x, o = 0.5.
The linearisation constants then become

kyr = 2.3-107* (7.44)
kgpre = 1.9- 10711 (7.45)
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Before implementation it is necessary to transform the linearised equations back into states
as

kqpa = kqpL (7.46)
kgpia = —kgpL (7.47)
kopB = —kopr (7.48)
kqpis = kqpr (7.49)

To simplify the linearisation it is chosen to model the throttle valve using the same ap-
proach, meaning that the pressure dependent linearisation terms are stated as

kapc = KopL (7.50)
kgpic = —kpL (7.51)

The nonlinear model is linearised and it is possible to analyse the system through the
different subsystems.
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Decoupling
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The results presented in chapter [2] indicate that it will be beneficial to employ decoupling
to construct a decentralised system, meaning that it will be possible to design separate
SISO controllers for each control system. Before considering a decoupling approach, it is
first required to investigate the extend of the couplings using a RGA analysis.

The transfer function matrix is calculated from the supply and hydraulic state space model
denoted with ’g g¢’ from subsection The conventional RGA analysis for a square
matrix is applicable for MIMO systems. The RGA analysis is computed as

RGA(G(s)) = G(s). = (G(s) )" (8.1)

The transfer function matrix consist of six inputs (wm,, Qrva, Qrvae, Qav, @pv, QLvc)
and five outputs (x, pa, pB, PLvA, prvp) thus allowing the design of multiple possible
input and output pairings. It is decided to utilise a similar approach as described in chapter
2l where the 3 x 3 matrix is decomposed into six 2 x 2 sub matrices. In this case it is
necessary to decompose a 5 X 6 matrix thus increasing the number of possible 2 x 2 sub
matrices. The RGA number is used to investigate diagonal dominance and thereby the
possibility of using decentralised control. The diagonal RGA number is defined as

RGA numberg;, = ||[RGA(G) — I }Sum (8.2)

RGA numberg i, = HRGA(G’) — {0 1] (8.3)

1 0

sum

For an ideally decoupled system, e.g. a system with diagonal dominance, the RGA number
of the diagonal should be 0 and 4 for the off-diagonal case. The diagonal and off-diagonal
are calculated as shown in equations and respectively. The RGA number should
be investigated for all possible couplings.

8.1 Coupling Analysis

The RGA numbers for the chosen sub matrices are shown in figure 8.2] The matrices are
all formulated with respect to the A-side as they are representative for the full system.
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The RGA number analysis shows heavy coupling, especially around the systems natural
frequency for all possible configurations. Since it is desired to employ a decentralised con-
trol approach, it is necessary to fully decouple the system by achieving diagonal dominance.

8.2 Decoupling Method

The idea behind the decoupling is to introduce new virtual states, such it is possible to a
achieve a pure decoupling between virtual inputs and virtual outputs. The influence of the
motor velocity is masked through the main flow valves Qv 4 and Qv p when considering
the cylinder pressure dynamics as shown in section [7.2]

To circumvent the issue of not seeing impact of the motor velocity directly in the cylinder
dynamics, it is proposed to employ a cascade control strategy as the bandwidth of the
motor is considered much larger than the bandwidth of the main flow valves. The cascade
control proposal is realised through the valves placed in the main-flow lines naturally
dividing the control volumes. The proposal introduces an inner pressure loop controlled
by the motor which consists of the two control volumes Vi 4 and Viyp situated below
the two proportional valves in the main flow lines.

The outer and slower loop is used to control the cylinder position and chamber pressure
levels. The cylinder position is directly controlled by the implemented proportional valves
Qrva and Qryp where the existing proportional valves Q) 4y and QQpy are used to remove
o0il thus controlling the pressure levels in the cylinder chambers.

The cylinder system is considered in this section and is illustrated in figure [8.1}

>

AA AB | -Fload

Qav e  «3.@sv

| 1 r | | 1 T |
= =
uAv L upv

AL LT/ YLVA ~ITt I §
M eS|

ULvB

Qrva LU L QLvB
® PLV A PLVB ®

Figure 8.1: Cylinder system defined as the outer loop of the cascade control strategy.
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Figure 8.2: RGA numbers for chosen sub matrices.



The applied system manipulation should ideally decouple the system in the desired fre-
quency range. The original system is thus transformed into a compensated system as

g(s) =W, G(s) w. . (8.4)

The inputs and outputs are manipulated through the two transformation matrices ELV
and EQ as.

i=Wlu §=W,y (8.5)

¥e Iiinnnnniiinc: . :
E*CM(S) E QCM(S) : :
@ref: Upefy u E Y E g
— W, G (5) Gonc®) w, —>

Figure 8.3: The compensated system with respect to the original system.

8.3 Valve Drive Decoupling

This section contains the proposed decoupling of the valve drive only considering the
cylinder system. The output transformation is described first followed by the input trans-
formation.

8.3.1 Output transformation

The output transformation is based on the chamber pressure gradients (p4, pp). The
dynamics of the two chamber pressures are described in equation and .

pA = ‘67’4 (Qrva — Qay — Ay - &) (8.6)
A

PR = % (—QrvB—QBv +As- - 1) (8.7)
B

This decoupling and control approach is similar to a traditional valve controlled drive,
where Qryva and Qv p can supply and retract flow from the chambers. It is proposed to
Introduce two virtual states, the load pressure p;, and level pressure py similarly as done
in chapter

PL =DpA— Q- pPB (8.8)
pH =pa+H-pp
The load pressure pjy, is proportional to the cylinder force due to the relation between
pressure and force (F' = p- A). The level pressure is describing a weighted sum between
the two chamber pressures. The parameter H is at this stage considered a constant non-

physical factor that makes py a linear combination of the two chamber pressures. It
becomes evident from the following derivations why these states are appropriate.
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The level pressure gradient is derived using the time derivative of equation , where
the chamber pressure gradients in equations and ({8.7) are substituted.

pH =pa+H pp (8.10)
)
_Pa,

. (Quva - Quv —AA-:'U)+H'€—B (—Qrve —Qpv +Aa-a-i)  (8.11)
A B

PH

Assuming equal bulk modulus in both chambers (5 = 84 = Bp) as this approximately
holds true for pressures above 30 bar (see subsection , which should be fulfilled with
pressure and position control active. Furthermore H is defined as

VB

H =
a-Vy

(8.12)

This removes the influence of & on py and it will be possible to control py regardless of z.

As V4 and Vp are functions of the cylinder position that varies with time, it is necessary
to consider the influence on equation . The time varying parameter H is chosen
similar to the one used in the SvSDP system hence the reused and proven assumption of
a negligible H.

Utilising the assumption of constant bulk modulus and the definition of H, it is possible
to rewrite the level pressure gradient as

pu = Vﬁ - <QLVA e QB‘”) (8.13)
A o e
Introducing the new input state Qp, it is possible to rewrite equation ({8.13) to
. B
S 8.14
b = 17 Qu (8.14)
Qo =QrLva— QLQVB = Qav — 7625‘/ (8.15)

It is seen that py is dependent on multiple valve inputs but is now decoupled from the
cylinder velocity #. The level pressure dynamics is no longer influenced by any of the
virtual system states, making it purely dependent on valve inputs.

The load pressure gradient is derived using a similar approach where the chamber gradients

equations and (8.7)) are substituted.

PL =PA— DB (8.16)
T
prL = ‘6/714'(QLVA_QAV_AA'x')_a'éj'(_QLVB_QBV+AA'@'¢> (8.17)
A B

Assuming equal bulk modulus in both chambers (5 = 54 = 8p) yields

ﬁL:é'<QLVA+Q;IVB_QAV+QI?/_AA'<1+?I)'$> (8.18)
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By introducing the input state Qr, it is possible to rewrite equation (8.18) as

: B ay .
pL:V—A-(QL—AA-(l—i—ﬁ)-x) (8.19)
QrL=QrLva+ QE/B —Qav + % (8.20)

It is seen that pr, is dependent on multiple states and inputs, one being the cylinder velocity
Z. Since pp, is proportional to the available cylinder force it makes sense to utilise this
state in relation to the position control.

By using the defined virtual pressure states and the parameter H derived from the level
pressure gradient it is possible to express the output transformation W as

T 1 0 O T
pr| =10 1 —al |pa (8.21)
PH 01 H] [pB
——
g w, ¥

The RGA numbers of the linearised output-transformed plant with the input-transformation
being the identity matrix Iy are shown in figure The non-smooth cross couplings
present in the pre-transformed system are greatly reduced, leaving only a constant DC
coupling throughout the frequency range.

4 T 4 T
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<
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O 1 1
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Figure 8.4: RGA numbers after applying the output transformation W_.

8.3.2 Input transformation

To achieve a fully decoupled system, it is further required to design an appropriate input
transformation matrix. The input decoupling is not as trivial to employ as the output
decoupling, this will be evident in the following derivation. Consider the two virtual
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inputs Qr, and Qg in matrix vector notation from equation (8.20)) and (8.15)) respectively.
Two additional inputs Qg and Q1 are added with the flow constraint Qo =0 and Q1 =0

Qr 1 %1 -1 %1 Qrva
Qo ki ka ks kg Qav
Q1 1 C2 C3 Cq Qv
SN—— SN———
o w1 u

—LV

The virtual inputs are contained in @ whereas the physical inputs are given to u. In order
to implement the virtual input, it is necessary to invert the matrix g_l such the system
obtains the proper form where the virtual inputs are used to describe the physical inputs.

u=W

W, i (8.23)

The ELV matrix is square thus invertible. The included flow constraints are used to
manipulate the flow dependency between different inputs. It is desired to construct the
matrix such that @ only controls Qryv 4 and Qryp as they are the only flow providers
in the system. It is further desired to be able to control the level pressure through the

virtual control input Q. The desired features are achieved by constructing the following
flow constraints as

Qo = —Qay + % =0 (8.24)
Q1 =Qrva— Qvs _, (8.25)
Utilising the two flow constraints, the equation then becomes
Qr 1 %1 -1 %1 QrLva
1 -+ 1 1

gﬁ “lo 0 -1 ¥ ngB (8.26)

0 H AV

Q1 1 -5 0 0] [@Qpv

u w‘g‘l/ u

By matrix inversion the following input transformation is given, notice that both the Qg
and Q1 entrances are marked with "=’ as they are constrained to zero.

H = =
Qrva Mo 0 =13 =Z14| [Qr
QLvB Ara O E23 Eoa| |Qm 897
Q - 0 —« — o) Q ( )
AV Hta =33 =34 0
Qsv 0 I 243 Z44l L
N— S~——
u w, . u

The transformed system is equivalent to a general purpose valve drive, where the load flow
@1, controls the flow into and away from each chamber. The level flow Qg may be used
solely for pressure level control. It is noticed that Qp only affects Qryv 4 and Qryp. The
only difference between entrances W (1,1) and W, (2,1) is the area ratio parameter a.

To ensure a pressure build up in the return side chamber it is proposed to distort the return

side flow with constant k; with respect to Q1. The following RGA analysis is performed
with k1 = 0.98.
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The resulting RGA number plot is done for two systems, one containing only the valves

and cylinder (g ) and one containing the supply system (Q s o). The RGA number

are shown in figure and [8.6] respectively.
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Figure 8.5: Simplified compensated hy-  Figure 8.6: Compensated combined hy-
draulic system G, o draulic system G S.HC

The system containing only cylinder and valves are fully decoupled even with the parameter
k1 included, whereas the system containing supply system dynamics are affecting the
cylinder system thus changing the decoupling result.

8.4 Flow Gain Compensation

It was shown in figure that the supply system dynamics caused undesired couplings
with the cylinder system. To avoid this phenomena it is proposed to utilise a flow gain
compensation to effectively remove the influence of pressure variations in the valve flows.
The general proportional valve orifice equation is defined as

Qrve=Ca-A-z-/Ap (8.30)

As it is possible to measure the pressure difference over the valve, it is possible to apply
flow gain compensation. Flow gain compensation scales the input dependent on the wanted
flow and the pressure difference.

iz Q. (8.31)

Cq-A-/Ap

Employing this in a transformation matrix yields

~ 1
Qrva CaAAp (1) 0 0 [Qrva
QLve| _ 0 coavay 0 0 |Quvs (8.32)
Qav 0 0 1 0] | Qav
Qpv 0 0 0 1| L@sv
N ~- _—
o w o



The flow gain compensation is combined with the cylinder decoupling and the RGA number
is utilised to show the fully decoupled system. The RGA number of the combined hydraulic
system (G ) is shown in figure . The analysis results show that the system is fully

=S,HC

4
83}
g, —x(Q,), p,(Q,)
= ]
on!
o

0

10° 102

Frequency [rad/s]

Figure 8.7: RGA number after applying KQ and Eg ELV'

decoupled, meaning that the cylinder position = is controlled solely by () whereas the
level pressure is controlled solely by Q.

8.5 Decoupling Performance

To further analyse the decoupling approach it is investigated how a perturbation on the
parameter H will influence the decoupling performance on the combined hydraulic system
(Gg ye)- A 20 % positive and negative estimation error is introduced to H. The resulting
RGA number plots are shown in figure The estimation error causes minor DC coupling
in the system and frequency dependent coupling around the natural frequency. The pa-
rameter H is estimated based on cylinder data and hose lengths which are all well defined,
remembering that and the size of the cross coupling it is assumed possible to employ a
decentralised control strategy if similar results are obtained when including the actuator

dynamics.

4 ] s ——
g 3 1 3 3 |
<2 —x(Q,): P,,(Q)) <2 —x(Q,), P,(Q))
O O
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(a) Negative estimation error. (b) Positive estimation error.

Figure 8.8: RGA number of decoupled systems with a 20 % perturbation of the parameter
H.

8.5.1 Actuator dynamics influence

For a complete system evaluation it is necessary to investigate the decoupling on the
combined model (G, ). The RGA number plot is shown in figure . The system
decoupling is considered effective and it is considered possible to utilise a decentralised
control strategy.
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8.6 System Constraints and Flow Feasibility

The proposed valve-drive system concept is very similar to the original SvSDP also in
terms of physical system constraints. Both the level pressure and motion control strate-
gies are directly related to the virtual states and inputs, making it essential to include the
actuation restrictions into the system analysis to ensure realisable flow references. The
proportional valves Q a1 and @ gy are only capable of realising positive or zero flow equiv-
alent to sinking the pressure levels in the A- and B-side chambers.

The valve flow restrictions should be related to the level flow Q as it is of a lower priority
than the motion control governed by the load flow Q1. It is desired to have a non-restricted
load flow to ensure the desired tracking performance. The restrictions on the proportional
valves and level flow given from equation are formulated as

QLve (8.33)

Qav, Qv >0 = Qu < Qrva—

N—
Qeq

If the inequality described from the valve flows Qv 4 and Qv p has to be described with
respect to the equivalent flow Q¢4, the infeasible bound may be described as a scaler of Qg
which does not change with sign change in (4. The infeasible region can be illustrated in

figure [8.10]
A Qeq

@r. = const. Feasible Region

A

Figure 8.10: Feasible and infeasible regions of the system.

If the infeasible area is entered, the reference Qp e is kept in the bound point (Qeq,,
Qn,) as illustrated in figure [8.10] If the reference enters the infeasible region it can only
exit again through the same point as it entered since the gradient is unchanged. The
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analysis indicate that any ggz’ gradient may be used to ensure no jumps in either Q¢4 or

Qp. The designed input transformation in equation (8.27)) produces 635‘:‘ = agézB =0.

8.6.1 Enforcing feasibility

It is desired to bound the level flow @)z such it is possible to enforce the proportional valve
flow constraints of zero to positive flow. The input-transformation matrices in equations
and are used as they describe the relation between the physical inputs (Qay
and @ py) and the virtual inputs (Qr and Q) for both positive and negative @, equivalent
to the motor velocity. The inequalities may be expressed by assuming was, w3z < 0 as

Qav = w22 - Qu >0 = Qu <0 (8.34)
Qpv =w32 - Qu =0 = Qu<0 (8.35)

Both constraints are equivalent meaning that if either one is constrained, both are feasible.
The Qg constraint is therefore fulfilled by

QH < QH,max =0 (836)

where Q) g mae describes the upper bound to the infeasible region.
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The proposed transformation matrices Eg w v and W, are proven to decouple the cylin-
der system thus allowing decentralised control. The results indicate that it is suitable
to control the cylinder position using the main-flow proportional valves which effectively
reduces the system to a valve controlled drive at low cylinder velocities.

The utilisation of the two proportional valves in the main flow lines makes it possible from
a control perspective to divide the system into two parts.

e The supply system G

containing the motor and pumps. The supply system is

illustrated in figure

e The cylinder system G o containing four proportional valves and cylinder. The
cylinder system is illustrated in figure [9.2

It is required to change the controller strategy previously employed to control the original
SvSDP system. This change is caused as the cylinder position is not solely based on the
motor velocity due to the implemented valves.

PLV A = PLVB o
2 H ® AA AB | and
Qrva QLvs m et
[ |
—
S roul wopns Qavge m@sv

Iﬂl
. QP]‘@IQPfC_' Qps3 |I§=||I;|
@ Iﬂvml“ = IﬂvR" ‘Cp uay L upy
P P P3 T kL LL /7 ULVA [~TI7f 17T
i M ST

T T T ULy T TIT
/{jT‘X’ l/{j Qrva LU Uy Qrvs
LY L pLva PLVB®

Figure 9.1: Supply system gs. Figure 9.2: Cylinder system QHC'
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9.1 Supply System

The supply system G in figure is considered with valve Qpy¢ fully open, making
it possible to simplify the system as shown in figure 9.3 where pump two and the anti
cavitation circuits are omitted.

Dbs
TQLVA T QLVBT

A

@ Plllem PS(AlQP?)
b

L L

Figure 9.3: Simplified supply system.

To guarantee that the valves (Qrva and Qry p) are capable of supplying the controller dic-
tated flow, it is required to always have a larger pressure in the supply system compared to
any load-equivalent pressure level present on the cylinder system. For simplicity purposes
it is chosen to define the backside of the valves (Qry 4 and Qryp) as the supply pressure
ps, equivalent to the functionality of a VCD. The supply pressure criteria is stated as

DS > PA, PB (9.1)

The 95 Hz bandwidth of the supply system is assumed to be capable of realising the supply
pressure reference sufficiently fast to not interfere with the performance of the position
controller. This is shown valid in section as long as the flows are ensured feasible.

A closed loop pressure control system is utilised, making it possible to state the control
law as

€s = Ps;ref — Ps (92)

9.1.1 Reference generation

The reference to the supply system should be designed such it is capable of rejecting
the flow disturbances present when fluid is drawn through the main line valves. It is
further proposed to generate the supply pressure reference to be always 30 bar higher than
the maximum cylinder chamber pressure thereby increasing the available pressure drop
over the main line valves. This furthermore ensures a smooth reference generation as no
discontinuities in pressures are present. The added 30 bar pressure drop are assumed to
guarantee that the reference flow is realisable.

9.1.2 Supply system controller

The supply system controller should ensure that the required pressure and flow always are
available for the hydraulic cylinder system G o Due to the bandwidth of the PMSM
motor installed on the system the hydraulic supply system G g should possibly be able
to obtain a bandwidth sufficiently larger than the cylinder system, such the transient
response of this loop does not affect the position controller loop of the cylinder system
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G HO- A simplified transfer function from w to pg is derived, considering Qry 4 and Qryp

as disturbances.
The simplified transfer function from w to pg is derived from the continuity equation ([9.3)
assuming ps ~ pLyA ~ PLVB-

Bo

= ———— ((Kpiw — Kp3w Kpip — K 9.3
e (K1 = Kpau) w+ (Kpiy = Kpy) ps) 03

Ps
By transferring the continuity equation into the Laplace domain, the following transfer
function can be obtained, assuming Kpy, < 0.

_ Prvals) = Ksi

Gsim:prLVA (5> = Q(S) - Kgo s+1 (9.4)
where K K
Plw — NN P3w
K 9.5
S1 —(Kplp — KPSp) ( )
Viva+Vive 1
K _ 9.6
52 B0 —(Kpip — Kp3p) 0

It is desired to design a controller capable of obtaining zero steady state error on step
inputs since this behaviour increases tracking performance and may also lower unwanted
high energy consumption. The plant describing the relationship between input motor
velocity wy, and pressure pg is a type 0 system. To eliminate the steady state error of step
inputs, it is required to increase the system to type 1 by implementing a free integrator in
the controller. Furthermore the control loop should obtain the largest possible bandwidth
in relation to the motor dynamics to avoid interference between the supply- and cylinder
system. The PI control law can be expressed as

Ks 1

Ges(s) = Ks.p - (9.7)

The controller structure is shown in figure

ba
—{ . Dmi €ps w Ds
min(pa, pp) il @ Ges = Gsim:prS
PB T

Figure 9.4: Supply pressure control structure.

The parameters for the PI controller are designed utilising bode plots. It is decided to
allow overshoot to obtain a faster rise time. The parameters for the controller are listed in
table[0.1] Open- and closed loop bode characteristics with and without actuator dynamics
(G o) of the controller and simplified plant (G ) are shown in figures and

It is decided to allow less damping as it is considered more essential to have a large rise
time to ensure available pressure and flow for the cylinder system G o Furthermore it is
seen in the decoupling chapter [§] that oscillations in the supply system does not result in

oscillations in the cylinder system if they can be suppressed by the flow gain compensation.

9.2 Cylinder System

The control strategy for the cylinder system is similar to the strategy used in the original
SvSDP system. This implementation is possible as both systems show similar decoupling
results while being described using similar virtual states and virtual inputs. The cylinder
control system consists of a level pressure controller and a motion controller.
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Figure 9.5: Open loop bode characteris- Figure 9.6: Closed loop bode characteris-
tic of controlled supply system with- and tic of controlled supply system with- and
without actuator dynamics without actuator dynamics
Parameter Value Unit
—4 rad
Kgsp 1.370 - 10 Pa.s
Ks 3.392 Do

Table 9.1: Parameters for supply system controller

9.2.1 Level pressure controller
As mentioned in section [2.6] the level pressure should maintain a minimum pressure of
DAmin = PBmin = 25 bar to ensure sufficient stiffness in the oil. In figure and in

section [2.0] it is shown that the reference to py is a scalar function of the load pressure py,
and the minimum pressure ps.; defined as.

H H
PHref = — (Oé) -pL+ (Oé + 1> * Pset (98)

The switching condition of the minimum pressure chamber is defined in equation (2.68)|)
and (2.69)). From the obtained knowledge in section the control law may be stated as

Qu =Ger - (PHref —PH) (9.9)

The level pressure control structure is illustrated in figure [9.7]
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Figure 9.7: Block diagram showing the implementation of the level pressure control strat-
egy, used to control the level flow reference Q.

The pressure controller G, i is designed with respect to the decoupled plant of the cylinder
system. The decoupling in chapter [§| shows that the cross couplings between the inputs
and outputs through the frequency range of G Ho are insignificant. Due to the assumption
that pr, does not influence the pressure level pg, it is possible from equation to state
the following level pressure transfer function as

_Puls) _ B 1
Gsim:QHQpH(S) = QH(S) = VA70 5 (910)

Note that the system is considered of type one, this is due to the fact that the leakage in
the valves are assumed negligible. The design goal of the level pressure controller is related
to the results presented in (Hertz et al., 2016b), where it is shown that the proposed level
pressure bandwidth is sufficient to realise the desired dynamic behaviour of the control loop.

It is seen from the transfer function that the smallest system gain is realised when the
cylinder is fully extended equivalent to maximising the volume V4. The system should be
designed after this configuration to ensure the lowest possible system gain thus being able
to guarantee the designed bandwidth or faster.

Based on similar arguments related to steady state error, it is desired to also use a PI
control structure for the level pressure loop. The used controller is stated as

Ky 1

Gupr(s)=Kup- (9.11)
where the parameters can be seen in table[9.2] The reference given to the level pressure is
generated based on of the cylinder chamber pressures, which might introduce oscillations
equivalent to the natural frequency of the hydraulic cylinder system as discussed in section
It is not desired to reject these oscillations with the level pressure controller and it
is therefore decided to implement a second order filter in front of the controller expressed
as ,
Wi filt
82+ 2 &m gt - WH fite * S + W

Ga,fit(s) = (9.12)
The filter parameters can be seen in table The cut-off frequency of the filter is chosen
to ensure that the dynamics of the proportional valves can be realised while filtering out the
unwanted oscillations. The filter combined with the PI controller constitutes the designed
level pressure controller. The controller for the level pressure can therefore be described
as.

Gen(s) = Gu par(s) - Gupi(s) (9.13)
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The open- and closed loop bode characteristic of the controller applied to the cylinder
system (G, ) with and without actuator dynamics (G, ) are shown in figure 9.8 and
[0.9] From the bode characteristic it is seen that the actuator dynamics of the valves do
not influence the response of the level pressure control in the frequency range up to 10
rad/s where the signals are significantly damped of the system. Furthermore it is seen that
the bandwidth of the control loop is sufficiently lower than the natural frequency of the

cylinder, meaning that the pressure oscillations from the cylinder will be greatly damped.

0
| 5
[O) o -50r
g 50 g
= =
2 1001 -100f
= =
-150 -150
-90 0
—_— —= 90t
§’-180 : §
% % -180
C -270 c
o —Gre: ey to py & 2701 —GrHe: PHyep 10 PH
—Gac,He! e to pH —Gac,nC: PHres t0 DH
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Frequency [rad/s]

Figure 9.8: Open loop bode plot of level
pressure control with and without actu-

Frequency [rad/s]

Figure 9.9: Closed loop bode plot of level
pressure control with and without actu-

ator dynamics. ator dynamics.

Parameter Value Unit

—11 3
Ky p 1.583 - 10 s%a
Kp 1 1.081-107% i
WH, filt 30 %
§H. filt 1

Table 9.2: Parameters for the level pressure controller and corresponding filter.

9.2.2 Position Controller

As mentioned in section 2.6 the position controller should ensure the desired position. This
should also hold for the low cylinder velocities when the valve-drive system is active. Due
to the parameter k; in section it is known that the system will always have a slight
pressure build-up in the return chamber ensuring the desired oil stiffness. Therefore it is
only necessary to design one controller for the wanted operation stiffness. The decoupling
analysis shows that the position controller may be designed independently of the dynamics
from the level pressure. The simplified transfer function from @7 to z is described by
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combining the continuity equation (9.14) and Newton’s second law (9.15)).

pL:ViO,o(QLAA (1+%) x) (9.14)
aa:pL'AAA;j”'B” (9.15)

By combining the two equations in the Laplace domain, the following transfer function is
obtained.

PL(S) 1 K1
sim: = = 1
G QLQPL(S) QL(S) s g2 —|—K2 . $—|—K3 (9 6)
where
Bo-Aa
K == "2 .1
1 Vao- M (9.17)
B,
Bo- AZ(1+ §)
Ky=—"-——>- .1
= B (9.19)

From the bode characteristic of the system in figure [9.10] it is seen that the system is
poorly damped. As described in section it will be relevant to apply active damping by
feeding back the load pressure given in equation which is illustrated in figure .
The active damping loop is restated as

Qr = (Qf — Kad - pL) (9.20)

By first inserting equation (9.20)) into the load pressure dynamics (equation ({9.14))) followed
by substituting equation ((9.15) it is possible to express the transformed system as

Gsim:Qs2p, (8) = % o K?-fs K (9.21)
where
Ki = m (9.22)
= o Fa B o2
K = Bo(A4(1+ %) + By - Kqa) (9.24)

Vao-M

The active damping gain K,4 is chosen to modify the system damping to the desired
value (see the gain value in table . The resulting open loop bode characteristics of the
damped system is shown in figure [9.11

Since it is desired to have zero steady state error for ramp inputs on the linear model it
is necessary to introduce a free integrator into the controller to increase the system type.
From the bode characteristic in figure [9.11]it is seen that it may be beneficial to add some
positive phase to the system, which can be achieved by utilising a PI controller structure.

It is desired to implement velocity feed forward to cancel out the reference contribution
of the cylinder dependent flow to improve the dynamic response. The used controller
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Figure 9.10: Open loop bode plot of the Figure 9.11: Open loop bode plot of the
hydraulic system G He from Q7 to x. hydraulic system G He with load pres-

sure feedback from Q7 to x.
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Figure 9.12: Block diagram of position controller with velocity feed forward and load
pressure feedback.

structure including active load pressure damping, position controller and velocity feed
forward is given in equation (9.25) and is illustrated in figure

K,
57[) er — Koq - pL (925)

QLZAA-Q'CJr(Kx,PJr

The PI parameters are determined based on robustness criteria related to the resulting
phase- and gain margins. It is desired to have some margins to guarantee stability and
performance throughout a greater operation region governed by the cylinder position and
pressure levels. The controller is designed utilising bode plots. The parameters are fur-
ther designed to obtain the largest possible bandwidth of the system, while retaining the
desired margins. It is decided to allow overshoot to obtain a faster settling time.

The valve dynamics sets the limitation to the system. To keep the SvSDP system as ver-
satile and cheap as possible, it is desired to employ valves with smallest possible natural
frequency. For disturbance rejection it is known from the Nyquist criteria that the actuator
should have at least twice the bandwidth of the cylinders natural frequency. The natural
frequency of the cylinder is approximately 20 Hz hence it is chosen to employ valves with
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a bandwidth of 70 Hz to achieve full disturbance rejection without aliasing effects.

The parameters for the designed controller are shown in table . The open- and closed
loop bode characteristics of the controller and system (G o C) with and without actuator

dynamics (G , ) are shown in figures and

Parameter Value Unit
Ku.p 0.174 o
Ko 6.912 m
Ko 2.980-10710 %
GM 12 dB
PM 55 deg

Table 9.3: Parameters for position controller with largest phase- and gain margin.
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Figure 9.13: Open loop bode plot of po- Figure 9.14: Closed loop bode plot of po-
sition control with and without actuator sition control with and without actuator
dynamics. dynamics.

9.3 Test of Controllers

The position-, level pressure- and motor pressure controllers are tested utilising the non-
linear model with a given test sequence shown in figure with a constant load force
of 20 kN. The test sequence differ from the one previously used in section 2.7.1] as the
valve-drive system is only intended for load holding and a transition should be made as
soon as match ratio xy > 1 can be obtained. The input and coherent responses are shown
in figure The achieved tracking performance is showcased in figures[9.15a] and [9.15h]
It is seen that the position error is below 0.6 mm. From figures [0.15h] and [9.15¢] it is seen
that the motor pressure controller are capable of producing a supply pressure 30 bar above
the largest chamber pressure. The level pressure control is capable of sustaining a return
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Figure 9.15: Simulated responses for the nonlinear system with active supply-, level
pressure- and position controller.

90



side pressure at the given set pressure of 25 bar as shown in figure

The responses in figures [9.15¢l and [9.15f] indicate that it is possible to realise the generated
flow reference. The realisability of the flow is essential to ensure the validity of the decou-
pling and flow gain compensation described in section [3.4]

The power usage is shown in figure where it should be noted that the power saving
at load holding is about 400 W compared to the original SvSDP.

9.4 Cascade Control Realisation

The purpose of this section is to investigate the extend of dynamic interference in the
system from the supply system to the cylinder system. If the supply system is interfering
with the cylinder system it is not possible to obtain the pressure difference of 30 bar thus
rendering the flow gain compensation inapplicable by not being capable of realising the
reference flows. The possible coupling is tested utilising bode plots. The closed loop supply
system is multiplied with the open loop transfer function from @Qr to x. An overview is
shown in figure [9.16]

Figure 9.16: Overview of the model used to analyse the cascade system interference.

The bode characteristic of the hydraulic system including actuator dynamics with and
without the supply system is seen in figure [9.17

It is seen from figure[9.17)that the included supply system interferes with the cylinder sys-
tem. To ensure minimum interference, the controller design of the cylinder system should
be done including the supply system dynamics. The degree of interference is however
considered sufficiently small to be neglected.

9.5 Performance Improvements

It is investigated how the modified system performs with respect to the normal SvSDP
system. The performance testing is done using a similar test sequence as shown in figure
where the notable difference is the prolonged load holding sequence at the end. The
results are presented in figure The tracking capabilities of the two systems are similar
as seen in figures [9.18a] and [9.18D] making it possible to compare the input power to the
system. It is seen in figure that the power input for the whole sequence is smaller
for the modified system compared to the original SvSDP system.

The power savings are especially present in the load holding sequence from 15 to 30 seconds,
where the modified system is capable of reducing the power consumption with approxi-
mately 80 %. From the return side pressure pg in figure it is seen that the modified
system maintains the desired return side pressure at 25 bar at cylinder standstill, making
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it capable of better rejecting disturbances with any external load sign.

The only disadvantage from a power consumption point of view is associated with situations
where the applied load is helping the cylinder movement. In such situations, the unique
design of the SvSDP system allows the possibility of recovering power, whereas the valve-
drive system concept uses input power. It is desired to switch control strategy at these
sequences such the power recovering feature of the SySDP system may be exploited.
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Part 1 Conclusion

The redesigned manifold is capable of ensuring the possibility of switching between the
valve-drive system mode for load holding situations and the SvSDP mode for high-speed
operation in relation to either voltage- or hydraulic inputs dependent on the chosen valve
actuation.

The valve-drive system concept is successfully modelled and linearised, showing the desired
functionality of the implemented main-flow valves, cylinder system and supply system. The
linearised equations are transformed into state space representation to allow further system
analysis and manipulation.

The introduction of virtual states and inputs through input and output transformations
have proven to successfully decouple the virtual linear system making it possible to utilise
a decentralised control strategy. Two PI controllers have been designed to control the
cylinder motion and chamber pressures through the two virtually generated inputs. Both
controllers are designed with sufficient phase- and gain margin to ensure stability.

The evaluation of the valve-drive system concept using pump pairing 1 shows that the
desired tracking performance is achieved and that it is possible to fully reject disturbances
on the same level as the original SvSDP system with the benefit of having the desired 25
bar return-side pressure even at load holding situations. The required input power at load
holding is reduced with up to 80 % compared to the original SvSDP drive making this
solution viable.

To minimise the influence of the manifold redesign in relation to achievable SvSDP perfor-
mance in high-speed operation, it is desired to implement a main-line valve type capable
of having close to zero pressure drop at fully opened position. It has not been possible to
locate a suitable valve type both capable of ensuring minimum pressure drop and the high
bandwidth requirement (>70 Hz). The valve research has been limited to the product
catalogue of Bosch Rexroth since all project purchases are directed through them.

As it has not been possible to find a suitable component that satisfies the demands given
from the designed controllers, it is decided to omit the design of a mode-transition between
load holding operation and high-speed SvSDP operation including the complexity of go-
ing from unidirectional motor velocity to bidirectional motor velocity. Instead the pump
implementation concept proposed in section is investigated in part
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Part 11

Pump Implementation
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» 1 1 Concept
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The pump implementation design is considered a non-invasive solution, meaning that the
shaft torque reduction may be conducted without the requirement of manifold modifica-
tions.

It is possible to do multiple pump combinations to achieve the same goal. This chapter will
focus on two possible pump implementation proposals covering both the single bidirectional
external gear motor (EGM) and the combination of two unidirectional external gear pumps
(EGP). Both solutions are capable of producing both positive and negative shaft torque
thus allowing the possibility of counteracting the load holding torque present when the
system is subjected to an external load.

11.1 Concept Proposals

The two proposed concepts are both originating from the same idea of employing an ad-
ditional pump to emulate a desired torque load thus allowing the control of the combined
shaft torque. Ideally it would be possible to achieve zero torque if both pump pressures
and displacements were equal. It is not realisable to achieve zero shaft torque since equal
displacements will, at fully open valve position, cause no pressure build up in either of the
chambers as the input flow is equal to the output flow.

If this concept can be implemented and controlled properly without affecting the overall
system dynamics, it will provide an efficient way of increasing the overall savings related to
employing the modified SvSDP system compared to conventional valve controlled drives.

Since it is desired to be capable of producing both positive and negative torque based on
the sign of the motor velocity, it is required to either include a reversible motoring pump
or two pumps which are similar to the existing pumps, used to drive the cylinder. This
requirement is used to formulate the two pump concepts illustrated in figures and
for operations where the match ratio x is above one.

It is desired to allow the possibility of regenerating power as described in section by
deactivating the torque reduction. The motor and generating modes in relation to exter-
nal load and cylinder velocity are illustrated in figure [L1.1] using a similar four-quadrant
representation as used in the concept illustrations.
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Motoring Regenerating

Figure 11.1: Four-quadrant power modes.

11.1.1 External gear motor (EGM) concept

The EGM concept illustrated in figures and requires the implementation of one
reversible motor and two valves which simplifies the design in terms of used hydraulic
components. The displacement of the EGM is determined based on the lowest possible
existing pump displacement, as input flow must be greater than output flow. This is
equivalent to a low torque reduction when pumps 1-2 are active as they are much larger
than pump 3. The proposed design uses a shuttle valve to always supply the torque
reduction valve with the high pressure line.

Fload

A

B3]

[ 1)t

!

B3]

[ 1=

!

Figure 11.2: Four-quadrant flow modes for match ratio xy > 1 used to describe the EGM
concept.
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ST

Figure 11.3: Four-quadrant flow modes for match ratio y < 1 used to describe the EGM
concept.

11.1.2 External gear pump (EGP) concept

The EGP concept provides a more efficient torque reduction, as it is possible to individu-
ally match pumps 1-2 and pump 3 using two separate pumps to achieve maximum torque
reduction for both positive and negative load situations. The achievable torque reduction
is related to the requirement of ensuring the a larger input than output flow to obtain the
desired pressure build-up. This concept will require an additional valve and an additional
pump compared to the EGM concept.

Due to two operation modes related to the match ratio it is possible to illustrate eight
different flow circuits in relation to the applied external load and cylinder velocity. The
modes are illustrated using a four quadrant representation as shown in figures and
for both above and below a match ratio of one, respectively.

The internal seals of the EGP component is designed to only withstand high pressure on
the outlet port whereas the inlet port may be subjected to around 1-10 bar.
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Figure 11.4: Four-quadrant flow modes for match ratio x > 1 used to describe the EGP
concept.

and
N

Figure 11.5: Four-quadrant flow modes for match ratio x < 1 used to describe the EGP
concept.
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11.2 Concept Selection

Based on the advantages and disadvantages described in section [[1.T] it is assumed that
that best possible performance may be achieved by utilising two EGPs thus ensuring the
highest possible torque reduction. The cost of both systems are not investigated in depth
but are assumed to be in the same price range.

It is chosen to further investigate the implementation aspects of the EGP based concept,
since the desire of maximum torque reduction outweighs the disadvantages related to the
EGP concept.

11.2.1 Concept modification

The two 4/3 valves included in the proposed EGP concept are replaced with four 2/2
unidirectional valves connected to both the torque pump control volumes as illustrated in
figure The valves are replaced to ensure the possibility of being able to always bleed
oil from each control volume independently of other inputs.
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System Model

[[2.1 Flow Continuity and Control Volumes| . . . . . . . .. .. ... ... ... 105
[12.2 2/2-Way Unidirectional Flow Valves| . . . . ... ... ... .. .. ..... 107
[12.3 Modified Pump Equations| . . . . . . ... ... o oo 107

The pump implementation model contains mathematical descriptions of flow continuity be-
tween each of the control volumes and of the used hydraulic components including check
valves, pumps and actuation valves. The presented modelling parts are reduced to only
contain the subjects which differ from the original SvSDP system derived in chapter [2| to
avoid double definitions.

The check valves present in the manifold block are modelled using the same quasi-static
approach as described in the system analysis (see chapter . The proposed torque reduc-
tion concept adds an additional two pump units (P4 and P5) to the existing three-pump
setup (P1, P2 and P3). The system complexity is further increased by the implementation
of an additional four unidirectional-flow valves, used to control the two torque equivalent
pressures (pc and pp). The hydraulic diagram of the proposed concept is shown in figure

[2.11

The control volumes are used to combine the different hydraulic components in the model
by applying flow continuity to each of the chambers. The different volumes are defined
in relation to the colors shown in figure [12.1] The bulk modulus model used to simulate
the original SvSDP system is reused, meaning that the experimentally found maximum
stiffness (7500 bar) is used for all control volumes.

12.1 Flow Continuity and Control Volumes

The pressure dynamics of each chamber are formulated based on flow continuity. The
locations of each specific check valve flow (e.g. Qcvap21 and Qoyap1) are not included
in figure [12.1] The check valves are essential to include in the pressure dynamic equations
to ensure the proper flow directions in the full model in accordance to the motor velocity.
The check valve locations are identical to the locations previously shown in the system
analysis chapter [2]

_Ba

PA ) (Qpri2 + Qcvart + Qovara — Qav — Qca — 4 - Ay — Qpra) (12.1)
. Bg .

PB = VZ (#-Ap +Qcvprs — Qrs — Qv — QpB — QPRB) (12.2)
) Bc

pc = ﬁ (Qca —Qps— Qev — Qpro) (12.3)
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Figure 12.1: Hydraulic diagram of the manifold and cylinder, showing pressures, flows and

control volumes.

Pp =
pP2—pm =
p 5‘317127,5,” (
P12—sm — 7,
VP127sm,
]ép?)—sm =

Qovas — Qpiz — Qevapt — Qovar: — Qevar)

(12.4)
(12.5)
(12.6)

(12.7)

The control volumes included in the pressure dynamics are a combination of constant
volumes and position dependent volumes. The constant volumes are not subjected to any
volumetric changes throughout operation, regardless of motor velocity and valve position.
The two variable volumes V4 and Vg are both functions of the cylinder position making
them implicit functions. The variable volumes are expressed as

Va = VA tube + Tini - Aa+x - Ay

VA,constant

VB = VB tube + Tini - Ap —x - Ap

VB,constant
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The initial cylinder position x;,; is defined as the center position at 350 mm. The values
for each of the control volumes are defined in table [12.11

Constant Value Unit
Va constant  1.45- 1073 3

2!

VB,constant 1.29 . 1073 Hl3
Ve 540-107* m3
Vb 540-107% m?3
Vpo—pm 5.00-107° m?3
Vpia—em  5.00-107%  m?3
VP37sm 5.00 - 10_4 m3

Table 12.1: Control volume list in accordance to figure m

12.2 2/2-Way Unidirectional Flow Valves

The models of the four included 2/2 unidirectional flow valves (Qca, Qcv, @ps, QpV)
are considered identical to the existing proportional valves Qay and @Qpy described in
subsection The valve locations are illustrated in figure [12.1]

12.3 Modified Pump Equations

The existing three pumps and the additional two torque reduction pumps are modelled
with respect to produced flow and torque. The implemented torque pump constants are
chosen in relation to scaled pump constants from the existing system. The general pump
flow and torque equations are described in subsection 2.1.3] The experimentally found
pump constants and torque pump constants are listed in table

Pu Pt Ky (][] K [

bar bar?
P1 16.50-1073  —3.18-1073 19.64 - 1076
P2 11.30-1073  —1.04-1073 4.76 - 1076
P3 14.30- 1073 2.47-1073 —6.51-1076
P4 Kpoy15  —Kpap-1.5  —Kpop-1.5
P5 Kpoy, - 0.2 Kpop 0.2 Kpops - 0.2

Table 12.2: Experimentally found flow constants used to describe the pump flow equations.
(Daugberg et al., 2016l p. 10).

The used torque constants are derived using the same assumption of scalability as the flow
constants. The experimentally and scaled torque equation constants are listed in table

2.3l
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Pump Name

Krpzc [Nm]  Krpg, N2

|

Krper [1\1%1}

KrpzD [1\1%1]

P1
P2
P3
P4
P5

491.1-10~%  506.2-107°
337.9-1072 348.1-1076
430.0-107%  443.0-1076
Krpac-15  Krppoy, - 1.5
Krpac- 0.2 Krpa, - 0.2

18.49-103
12.72-1076
16.18 - 107
Krpar - 1.5
Krpar, - 0.2

254.6 - 1073
175.1-1073
—222.8.1073
—Krpap - 1.5
Krpop - 0.2

Table 12.3: Experimentally found constants used to describe the pump torque equations.
(Groenkjaer and Rahn| 2015)

The total shaft torque is calculated as

Tp_total = Tp1 +Tp2 —Tp3 — Tps + Tps
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Linear Model

[L3.1 Linearisation of Governing Equations|. . . . . . . . ... ... ... ... .. 110

[L3.2 Hydraulic State Space|l . . . . . . . . . ... oo 110

The SvSDP system design is modified with two additional pumps hence the requirement
of a new linear model used for further system analysis. Similar to the previous linear mod-
els presented in chapters [2| and [7] it is first necessary to linearise the nonlinear equations
related to the pressure dynamics, mechanical dynamics and pump flows. The linearisation
approach of the mechanical model from section is reused and will not be covered here.

The combined transfer function matrix G, - is a combination of two subsystems including
the hydraulic system G o and actuator dynamics G AC The actuator transfer function

matrix describes the dynamic behaviour from reference input to actual input, related to
the motor unit and used proportional valves (Qav, @pv, Qca, @pp, Qcv, Qpyv)- It is
expected that the flow over the valves can be estimated with sufficient precision, meaning
that only the plunger dynamics are included in the model. The hydraulic subsystem de-
scribes the slider-mass dynamics in relation to the fluid dynamics and external force.

The inputs and outputs related to the different systems are graphically shown in figure
The above mentioned system subscripts will be reused throughout the decoupling
and control chapters.

e T
Qav
QBv
e T . gCA .
QAV,ref =AC Qg\]f =5 T
@BVref Motor and valve| | @pv | , pA
QcApref state space Hydraulic state space | pp
QDB,ref pC
QCV,Tef PV
| Qpviref | Goun

Figure 13.1: Overview of the linear transfer function matrices.
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13.1 Linearisation of Governing Equations

The continuity equations are nonlinear due to the position dependent volumes. The four
continuity equations are separated into two categories, one with variable volumes and one
with fixed volumes. The equations with a constant volume contains only one nonlinearity
related to the pressure dependent bulk modulus. The continuity equations with a variable
volume contains two nonlinear parts, namely the bulk modulus and volume. To linearise
these terms it is either necessary to employ an assumption of constant behaviour e.g. re-
lated to the bulk modulus at some pressure threshold or to employ a Taylor approximation.
Since the bulk modulus effect is included in both equations it is evaluated first.

This system will be designed to seek a minimum pressure of 30 bar. It is therefore possible
to assume a constant bulk modulus. This assumption is not valid in load holding situations
making it essential to verify stability for the designed controllers for both low-pressure and
high-pressure regions. The constant effective bulk modulus at 30 bar is calculated to

Ba = Bp = PBc = Bp = Po=6749.77 bar (13.1)

The constants for the continuity equations with fixed volume are

)
_ Bo
Kp =1 (13.3)

To ensure a linear behaviour of the continuity equations it is essential to calculate a suitable
constant volume in relation to the cylinder position, the choice of position is following the
same approach as described in subsection Utilising the constant bulk modulus and
linearised volume, it is possible to express the linearised parts of the continuity equations

as
Bo Bo

A Vap + (Tint + ) - Aa vz VA ( )
Bo Bo

BT Vgp + (Tint = 2) * AB |y, VBoO (13.5)

13.2 Hydraulic State Space

The hydraulic and mechanical system contains both the fluid dynamics and the cylinder
acceleration and velocity. The linear equations may be expressed in state space notation
as
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[+ & pa pB Po Pp| =

~~

iy
0 1 0 0 0 0 1Tl=
o B H e o I
0 —Ky-Ayx Ka- Kpigy 0 0 0 DA
0 Kp-a-Ax 0 —Kp - Kp3), 0 0 PB
0 0 0 0 —K¢ - Kpay 0 Do
0 0 0 0 0 Kp - Kpsp] [pD
——
A, 2y
r 0 0 0 0 0 0 0 5’”
0 0 0 0 0 0 0 QAV
. Ki-Kpiow —-Ka 0 —K4q 0 0 0 QBV
~Kg-Kps, 0O —-Kg 0O —Kg 0 0 QCA
—Ko-Kpyy, O 0 Ko 0 Ko O QDB
Kp - Kps, 0 0 0 Kp 0 Kp cv
. — L@pv
B N——
=H uy
a; 100000 i
DA 001000
pel=10 0010 o] |P4 (13.6)
pe 0000 1o0|]|PB
D 00000 1]]|P°
—— | PD |
YyH QH N——
c pe

13.2.1 Actuator state space

The actuator state space system contains the dynamics of the motor (see subsection
and the 6 proportional valves. All these actuators are described using second order dy-
namics. The general approach to transform a s-domain second order system with input
I(s) and output O(s) into the time-domain state space is as follows

O(s) w2

— n

I(s)  s$2+42-& wy-s+w?

0

LHIGs) w2 =L7{O0@6s) (5°+2- & wp-s+w)}

)

O@)=1I(t) w2 —2-£-w,-Ot) —w

——
Ke
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Due to the triviality of having six similar systems it is chosen only to show the state space
for a single second order system as

[gj - [—?ug 2 .lwng] {8;} + L??J I, (13.10)
e e
O = [LC’-O]’ [gj (13.11)

It is now possible to set up the state space for the full actuator system:.

Q'Ac:[wm Om Qav Qav Qv Qpy Qca Qca Qps Qps ...

Qcv Qov Qpv QDV}T (13.12)

iAc:{wm Wm Qav Qav Qv Qv Qca Qca Qps Qps ...

Qca Qca Qs QDB]T (13.13)

Upc = Wmrer Qavies QBvires QCarer QbBref Qcvirer Qpvies) — (13.14)

where the system matrix, input- and output matrices are as follows

4,0 = diag (ém’ Ay Apyvy Ao App Acys éDV) (13.15)

B o = diag (gm’ B Bpyv» Bow Bppr Beys épv) (13.16)

The output matrix is designed to implement the actuator dynamics into the full model.

C C C C C

QAC - dlag <gm7 =Z AV’ =BV’ =ZCA’ =ZDB’ =<CV’ gDV) (1317)

13.2.2 Combined model

Combining the subsystems it is possible to create the combined hydraulic and actuator
state space.

T
oy = |z zac) (13.18)
. . . T
oy = [Eg Zac] (13.19)
YoM = Uac (13.20)
The concatenated matrices are defined as
A B_C
A = [H HAC] (13.21)
=CM Q éAC
B = LO ] (13.22)
=CM BAC
Comw = EH 0] (13.23)
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Decoupling

[14.1 Coupling Analysis| . . . . . . . . . . . . . 114
[14.2 Output Transtformation| . . . . . . . . . .. . ... ... 114
[14.3 Input Transformation| . . . . . .. .. . .. . ... L 120
[14.4 System Constraints and Flow Feasibility| . . . . . . ... ... ... ... .. 121
[14.5 Torque Pressure Feedback| . . . . . .. ... ... ... 0. 126
[14.6 Perturbation of Decoupling Parameters|. . . . . . . . .. ... .. ... ... 128

This chapter presents the decoupling approach of the pump implementation concept. The
structure of the chapter is outlined first as the system is expanded from two chambers and
three inputs to four chambers and seven inputs.

The design of a decoupling strategy is necessary in order to control the nonlinear and cou-
pled plant utilising linear control theory. The proposed decoupling method is similar to the
methods described in chapters [2| and [§] where both an input- and output-transformation
is used to effectively decouple the virtual states. The transformed system structure is il-
lustrated in figure where the transformed inputs and outputs are denoted with tilde.
The relation between the physical and virtual systems are expressed as

y=W,y (14.1)
u=W,u (14.2)
(14.3)

The proposed output transformation is described first followed by the input transformation.

=2
3
<~
I
I
<

Figure 14.1: The compensated system with respect to the original system.
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14.1 Coupling Analysis

The couplings in the system are analysed through RGA-number analysis to see the present
coupling. It is chosen to analyse the hydraulic plant being G - where it is decided to split
the matrix up in 2 x 2 sub matrices. It is possible to create multiple sub matrices, but
it is only chosen to showcase 4 possible combinations to prove the present coupling hence
the requirement of a decoupling. The sub matrices all include the cylinder position and
the motor velocity, as the position is of greatest importance and the motor is the only flow
provider in the system. The matrices are shown in equation [I4.4] and the coherent RGA

number plots are shown in [14.2]

] _ G Gial [ wm ] z] _[Gi1 Giz] [ wm
pa]  |G21 Gaz| |Qav) p]  |G31 Gs3] |(@BvV]
———— —————
gl gQ
| _ |Gi1 Gia [ wm z | _ (G111 Gisl [ wm (14.4)
pa]  |G2q Gaa| |Qcal pB|]  |G31 Gss| |@pB] '
———— N————
g g
60 : : 40 :
. _l‘(wm)ap/l(Q/lV) . _w(wﬂl)va(QBV)
2 —2(Qav), pa(wn) 830 H—2(@sv),Pr(wn)
g 401 £
2 220
< <
201
2 S 1of
1 0 1
10° 10 102 10°  10° 10 102 10°
Frequency [rad/s] Frequency [rad/s]
(a) RGA number for G, (b) RGA number for G,
60 : ; 40 : ;
o _x(wm,)7pA(QCA) o —I(W7n)7PB(QDB)
3 —2(Qca), pa(wn) 8 30H—x(@ps), PB(Wn)
g 401 £
2 220
< <
201
: 3 of
0 : 0 :
10° 10 102 10 10° 10 102 10°
Frequency [rad/s] Frequency [rad/s]
(¢) RGA number for G, (d) RGA number for G,

Figure 14.2: RGA number analysis used to show the present coupling without any system
modifications.

14.2 Output Transformation

The output transformation is based on the four chamber pressure gradients (pa, pg, Do,
pp). The pressure gradients including pump equations are restated in equations to
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where the assumption of equal bulk modulus is used e 4 = Be,B = Be,c = Be,p = B.

pa= Vi (Kpi2w - wm + Kpigp - pa — Qav — Qca — 4 - Aa) (14.5)
PB = s (—Kpsw - wm — Kpsp-pp+3-Ap — Qv — QDB) (14.6)
pc = ‘fc (=K paw - wm — Kpap - pc + Qoa — Qov) (14.7)
Pp = ‘ED (Kpsw - wm + Kpsp - pp + Q@ps — QpV) (14.8)

Introducing four new virtual states, the load pressure pr, the level pressure py, the torque
pressure pr and the level torque pressure p,. Both T" and H are initially considered as
non-physical scaling parameters used in the virtual level torque and torque pressures. The
torque pressure is proportional to the shaft torque contribution from the implemented
torque pumps whereas the level torque is defined as a weighed sum between the torque
pump pressure levels equivalent to the level pressure functionality. The load pressure is
proportional to the cylinder force.

PL =PA— Q- PB (14.9)
pH =pa+H - pp (14.10)
Pr =10"PD — PC (14.11)
py =pc+T-pp (14.12)

where 7 is the displacement ratio between pump 4 and 5 defined as

KPSw
77 = K
Pdw

(14.13)

It becomes evident from the following derivations why these states are appropriate. It is
desired to express the system pressure states [pa, pp, pc, pD]T using the new virtual

states [pr, pH, Dr, pr_

H o
- - : 14.14
PA= gy Lt g, b (14.14)
i L (14.15)
PE= g PLT gy PH '
T n
_ _— . 14.16
bo =y Pt o, by (14.16)
1 1
_ _— . 14.17
PO=p oy et (14.17)

The torque pump volumes are related through the parameter € as

Vp=c¢€-Vo (14.18)
The virtual pressure dynamics are derived in the following order.
e Level pressure
e Load pressure
e Level torque pressure

e Torque pressure
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14.2.1 Level pressure

The H parameter is defined as J—‘?A to effectively eliminate the cylinder velocity influence
on the level pressure dynamics. The H term is neglected in the derivation of the level
pressure dynamics due to the assumption that a system without H provides a more con-
servative design platform. The assumption validation done in section is based on the
dynamic relation between Qi and pg. Since this relation is unchanged for the pump im-
plementation concept, it is valid to reuse the assumption proof. The level pressure gradient

is expressed as

pu =pa+H-pp +Hpp (14.19)
=0

0

PH:IZ(KP12w’wm+KP12p‘pA—QAv—QCA—j?'AA)---
p

+ H - v (—Kpsw - wm — Kpsp - pp +2Ap — Qpv — QpB) (14.20)
)

. 3 Kpsp
=— | K DA — .
PH Va P12p " PA o pB +
Kps,
[Kpmw . } Wi — Qay — @ov _ Qca — QDB) (14.21)
(6% (6 (6%

AK,,

Inserting the virtual pressures defined in equations and it is possible to
transforms the level pressure dynamics into the virtual space. As a simplification it is
possible to collect all the input terms in the virtual level flow input Qg. The level flow is
defined in equation (14.27).

5 _ﬁ K i + @ _

pH—VA P12p O+ a pL H+a b

K -1 1

P?’p'( pL+ a'pH>+ Qn ) (14.22)

o H+a H + H+a

)

Kpg KPS
. B H - Kp1gy o Kpigp-a  —5F Qn
= —. . — . 14.23
pH Va H+«a +H+04 L+ H+ o H+ o pH+H—|—a ( )
i}
) —75 K K 14.24
pH_VA-(H—i—Oz). — Kupr, - pr — Kppn v + Qu (14.24)
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(14.25)

where
Kypn = —H - Kp1gp — Kpsp
Kypr = —Kpigp -+ KZBP (14.26)
LG QaDB> (14.27)

Qu=(H+a)- (AKw‘Wm_QAV

14.2.2 Load pressure
The load pressure dynamics are derived by substituting the chamber pressure dynamics in

equations ((14.14)) and (14.15) into the load pressure dynamics pr.
PL=DPA— - DB (14.28)
)
: B :
Pr = W(KP12w‘Wm+KP12p‘pA_QAV_QCA_37'AA) — ...
(14.29)

Oé"fB(_KPBw’Wm_KP3p'pB+x'.AB_QBV_QDB)

i}
. P3p « .
— 2 (Kppay - i I A .(7_1>.
PL VA( P12p - PA + i pB+ Aa I7i T+
Kps, Qv @pB
o= Qav + 8% Goa+ % (1430

[Kpmw + i

AKy
Inserting the virtual pressures defined in equations (14.14)) and ((14.15) transforms the load

pressure dynamics into the virtual space. Similarly it is possible to collect all the inputs

into a load flow @)1, as defined in equation ((14.35]).

B (H oY
pL_VA P12p T+a bL H+a b
Kp3p -1 1 o . QL
: - : A ,(7_1), 14.31
i <H+a Lt Hia pH>+ A \H "THra (14.31)
(i
N, = B K K 4
pL—VfA' —Krpr v — Krpy -pe + QL (14.32)
where
K
Krpr = —H - Kpigp + flgp (14.33)
K
Kipn = —Kpiap - o — % (14.34)
Cnv Qca+ QI?[B> (14.35)

Qu = (7 +a) (AR, - - Quv + 22

14.2.3 Level torque pressure
The definitions of the level torque pressure p,, introduces another non-physical parameter

T similar to the proposed level pressure. The T parameter is assumed constant and is
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determined from the following derivations. The torque chamber pressure dynamics in
equations (14.7) and (14.8)) are substituted into the derived level torque pressure.

Py =pc+T-pp (14.36)

0
]jd}:‘fC(—Kp4w'wm_KP4p'pC+QC’A_QCV)+"'

T- Vﬁp (Kpsw - wm + Kpsp - pp + Qpe — @pv) (14.37)
|}

_8
-3

Kps, - T
<_KP4p'pC+5p'pD+

€
K T.
<_KP4w + }Z5w> “Wm + Qca + @

Dy

— Qov

- T?DV) (14.38)

QK.

Inserting the virtual pressures defined in equations (14.16|) and (14.17)) transforms the level
torque pressure dynamics into the virtual pressures. Similarly it is possible to collect all

the inputs into a level torque flow @, as defined in equation (14.43).

_ B T n
= — — . — - Pr . “ e
Py = o\~ Kpa Trg D hT g, P

Kpsp ( 1 1 > Qu >
+ N et py )+ 14.39
€ T+n P T+ Py T+ ( )
T
: p
— (K pr— Kypy - Py + 14.40
be = T (—=Kypr-p wpy - Py + Qy) (14.40)
where
Kpsp- T
Kypr = —Kpay - T' — P5f (14.41)
Kpsp- T
Kypy = Kpap -1 — Pip (14.42)
.T .T
Qp = (T+n)- <QKw Wi + Qca + Q% —Qcv — QDZ) (14.43)

From equation (14.42) it is seen that it is possible to remove the dependency of p, by
choosing the parameter 7" to

:KP4p'77'6

T
Kpsp

= K¢p¢ =0 (14.44)

The parameter T is a constant term containing volume relations, displacement relations
and leakage relations. If it is possible to estimate these sufficiently accurate it is considered
valid to redefine the level torque pressure dynamics to

B (K2 Q) (14.45)

LS 7
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14.2.4 Torque pressure

The torque pressure dynamics are derived by substitution of the torque pressure chamber
dynamics described in equations ((14.7)) and (14.8).

Pr=—pPc+1n-Pp (14.46)

)
pr = —‘i (—Kpaw - wm — Kpap - pc + Qca — Qov) + - .. (14.47)
R VBD (Kpsw - wm + Kpsp - pp + Qpe — QpV) (14.48)

T

PT:fc' (KP410'1?(WL n.lj%p ‘pp+ ...
[Kp4w + 77K6P5°"] Wi — Qe+ @ +Qev — QDGV'”) (14.49)
PKy,

Inserting the virtual pressures defined in equations (14.16) and (14.17)) transforms the
torque pressure dynamics into the virtual space.

. B T n
o= Kpay [~ prt o py )
b Vo P4p T+n p T+n Dy
n - Kpsp 1 1 > Q- )
: “Prt + 14.50
€ <T—i—77 b T+n Py T+ ( )
()
Pr = 6 : < - KTpT *Pr— Kr;m/) “py + Q‘r) (14'51)
Vo - (T +n)
where
K
KTpT = KP4p T — w (1452)
€
K
Krpy = —Kpay - — -2 (14.53)
_ QpB N Qpv -1
QT_(T+77)' ¢Kw'wm_QCA+f+QCV—f (14.54)

Having all virtual pressures defined it is possible to set up the output transformation

matrix lm as

0

o o O

1

I
cooc o
cCo R RO

—a
H
0
0

NS oo o

The output decoupling is tested with an identity input transformation matrix, where the
results indicate an incomplete decoupling hence the requirement of formulating an input
transformation which effectively decouples the virtual inputs and outputs.
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14.3 Input Transformation

The input transformation is based on the four virtual flows Qr, Qm, @ and Q. The
input matrix may be constructed in multiple ways based on the used flow constraints.
The inverse of the input matrix is used to show the relation between physical- and virtual
inputs where the unknown flow constraints are included in the last three rows due to the
mismatch between number of inputs.

W, =
[(H+a) AK, —(H+a) ) _(g4q) Ut 0 0 ]
(H+a) -AK, —(H+a) —%r) _(g4q) —Ute) 0 0
(T+m-oK, 0 0 —(T+n) TR (T4 T
Ten-0K, 00 (T EERE g T
Ws,1 Ws 2 Ws,3 W5 4 ws 5 W56 ws 7
wWe,1 wWe,2 wWe,3 wWe 4 we,5 We.6 we 7
w71 wr,2 w73 Wy 4 w75 w76 wr 7

(14.56)

The linear set of equations then becomes

QL Qu Qr Qp Qv Q1 Q2
Wi lwm Qav Qv Qca Qpp Qv QDV]T (14.57)

The system contains seven physical inputs and only four virtual inputs making it is neces-
sary to employ an additional three flow constraints to form a square matrix. It is possible
to formulate multiple different flow constraints, based on the desired utilisation of the pro-
portional valves and motor. It is shown in chapter [2| that it is beneficial to construct flow
constraints such the load flow Qr is the only virtual input controlling the motor velocity
wm,. This feature is directly coupled to the desire of ensuring a high tracking performance
as (p, is used in the closed position loop. To achieve the necessary effect it is required to
construct the first constraint as

}T

Qo= (H+a)- <_QAV + % —Qca + QHDB> =0 (14.58)
= QL= (H+a) (AK,  wp) (14.59)

It is desired that the torque flow @, has no influence on the two proportional valves Qcy
and @ py used to connect the torque control volumes with the tank.

Q=(T+n)- <ch - 77?]”) =0 (14.60)

= Qr=(T+mn)- <<Z>Kw -wm — Qo + Q’f”) (14.61)

Lastly it is desired that level torque flow @y has no influence on the two proportional
valves Qo4 and Qpp.

Q2= (T"+mn) <Q0A + % ~ QDB> =0 (14.62)

= Qu=(T+n)- (QKW ‘W — Qov — QDZT) (14.63)
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The third flow constraint is only realisable if the parameter % coherent to the @ pp input is
strictly negative and ideally —1, as both valve flows Q¢4 and Qpp may only take positive
or zero values due to their inherited designs. As the leakage term K py, is strictly negative
it is seen by having the same relation between leakage and displacement for any given
pump the term produce a ratio of —1 which effectively ensures the realisability of the third
flow constraint )s.

T Kpyy- Kpyy - K T

Do tP T SPp P oy <> =1 (14.64)
€ Kpsp Kpsp - Kpay,

The input transformation W, is derived by inverting equation (14.56)) where the three
flow constraints are included. The used = parameters are used to denote the disregarded
matrix entrances as each flow constraint is equivalent to zero.

— 1 —_— — —_
(HTa) AR 0 0 0 Ei5 Eie Eir
K -T-(H+a)—AK-a(T+n) a T 0 - - _
AK-(H+0)2-(T+n) (H+a)? (T+n)? —2,5 =26 =17
AK-H-a(T4+n)+¢K-e(H4+a))  H-o - 0 - = =
AK-(H+a)2-(T+n) (Hta)?  — (T+n)? =35 =36 =17
KT 0 T 0 m. me =
W, = AK-(H+a)-(T+7) T2 45 Z46 Z17
€ € = = =
T AR (H+a) (T 0 T2 0 E55 Z56 =17
__ QKm -1 = = =
AR -(H+a)- (T57) 0 0 Tz Zes Zee Ei7
__ OKe 0 0 _ € = = -
L AK-(H+a)-(T+n) (T+n)? =75 =76 =17

(14.65)

Before investigating the effect of the input and output couplings it is necessary to investi-
gate whether it is possible to employ reliable feasibility bounds present due to the nonlinear
flow saturations of the valves Qav, @pv, Qov and Qpy.

14.4 System Constraints and Flow Feasibility

The feasibility analysis is done using the same approaches as described in subsection [2.5.1]
and section The feasibility study is essential to guarantee appropriate virtual input
generation which produces realisable signals to the valves and motor. It is ideally un-
wanted to restrict the load flow () because of its direct relation to the motion tracking
performance. Instead it is wanted to limit the level flow Qp, torque flow @), and level
torque flow @)y governing the different valve inputs.

14.4.1 Level flow Qg

By limiting the level flow Qg in terms of motor velocity, it is possible to guarantee that the
output flow reference never exceeds the input flow thus preventing non-physical behaviour.

The level flow constraints based on equation (|14.27)) are expressed as

- Load holding mode x < 1, assuming (Qay, Qpy) =0

Qca, Qpp >0 = Qn < (a+ H)AK, - wp, (14.66)
- Normal SvSDP mode x > 1, assuming (Qca, @pp) =0

Quv, Qpv >0 =  Qu < (a+HAK, - wn (14.67)
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The sign changes in the level flow parameter AK,, from equation follows the sign
changes in the motor velocity meaning that the defined flow restriction on Qg is strictly
positive and may only vary in magnitude in relation to motor velocity. This consideration
is valid for both load holding and normal SvSDP modes.

The level flow Qg is a virtual input hence the desire of converting the flow constraint
in equations and into an inequality related to the physical motor velocity
input. The infeasible region where respectively Qca, Qcp, Q@ay and QQpy are negative
may then be defined as

W, > (a—l—Hl)AK'J“QH = for (Qm) YV W, >0 (14.68)
wm < (a—i—Hl)AK_QH = fo-(Qn) V wy <0 (14.69)

The constraint function f4 describes the infeasible bound in the positive motor velocity
range where f,_ describes the negative range. The bounds are illustrated in figures
and where the hatched area indicates the infeasible region. If the generated level flow
reference Qg for a constant @y, , Q- and @y reaches the infeasible bound indicated with
point (wmi, Qm,i) in figure m it is forced equal to QH maee = @ such it is possible to
prevent negative infeasible valve flows.

The gradient g‘“—z changes sign and magnitude around w = 0 as shown in figures and
This phenomena may introduce jumps in the virtual input-bounds thereby causing
jumps in the generated motor velocity references as illustrated in ﬁgureby point (wm,c,

QH,C)'

A com for Ao for
Feasible Region Feasible Region
(QL? QT? Q’gb) = const,

(QLy QT7 Ql/)) = counst.

Wm,i +-- - /// wmﬂ-------l
T > }

Qm Qu Qny3

Wme dommmmmaeaa o

Jo— Jo—

Figure 14.3: Feasibility illustration used to  Figure 14.4: Feasibility illustration used to
describe Qg maz = Qn. describe the possible discontinues jumping
behaviour in Qg and w,,.

It is required to fulfil 8f b= < g‘ém < 8f ”+ for all possible 85’" gradients to ensure a continu-

ous reference generatlon By de81gn1ng an input transformation that enforces this gradient
criteria it is possible to state that any generated reference that enters the infeasible region
can only exit through the entrance point thus preventing any discontinues jumps in the
level flow or motor velocity. This feature is illustrated in figure where the wy, (Qm)
line is kept inside the infeagible region for all increases in Q.
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The proposed input transformation matrix W, shown in equation (|14.65)) is designed

Owm _ Owm _ 6wm — : : .
such 9Gr = 90r = 9Q, = 0 hence guaranteeing a continuous level flow Q@ generation.

Similar approach is done for the virtual inputs @, and Q.

14.4.2 Torque flow Q.

The @, constraints are derived based on equation using the assumption of load
holding where the torque reduction is active. It is undesired to utilise torque reduction if
the external load can be used to move the cylinder which effectively requires zero input
power. These situations are present when the cylinder velocity (equivalent to the motor
velocity) is of opposite sign compared to the external load.

- Load holding mode xy < 1 with # > 0, w > 0 and Fjpqq > 0

(@ps — Qpv), (—=Qca+Qcv) <0 = Qr < OK, - wm (14.70)

- Load holding mode xy < 1 with # <0, w < 0 and Fjpeq < 0

(@b — Qpv), (—Qca+Qcv) >0 = Qr > K, - wm (14.71)

The infeasible bounds described with respect to wy, as a function of @) are expressed as

1
Wm, > (ﬁ?QT = fb+(QT) vV wm >0 (14.72)

W, < (bK —Qr = fi—(Qr) vV wm <0 (14.73)
The feasibility bounds fp, and f,_ are illustrated in figures and where the
infeasible region is hatched. Similar to the level flow, it is required to saturate the generated
Q- input at the feasible bound to prevent infeasible valve inputs. The reference torque flow
Q- is saturated to Qrmas as indicated with point (wy,;, Q) in figure [14.6] _ To further
avoid discontinues in the wp, reference it is seen from figure [14.6/ that the gradient 3 me has

to fulfil the bound 0 < a‘ém < <1> . The potential dlscontlnulty is illustrated Wlth pomt

(0, Qrc) in figure[14.6] The de51gned input transformation in equation (14.65) ensures the
required gradient bound similar to the level flow constraint.

Awm Jo+
Feasible Region

Awm Jo+
Feasible Region

(QL7 QHv ( = .
(Qr, Qu, Q) = const : / o %
b ///E' > : >
QT,i Q‘r QT,i QNQT
Jo— Jo—
Feasible Region Feasible Region

Figure 14.5: Feasibility illustration used to  Figure 14.6: Feasibility illustration used to
describe Q7 maz = Q- describe the possible discontinues jumping
behaviour in @, and wy,.
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14.4.3 Level torque flow @,

The level torque flow @y constraints are derived using the same assumptions presented in
the derivation of the torque flow Q.

- Load holding mode x < 1 with £ > 0, w > 0 and Fjyeq > 0

(—QpB +Qpv), (Qea—Qov)>0 =  Qu>—-QK, w,  (14.74)
- Load holding mode xy < 1 with © < 0, w < 0 and Fjyqq <0

(=QpB +Qpv), (Rca—Qcv) <0 = Qy < —QK, - wn, (14.75)

The infeasible bounds for ), can be described with respect to wy, as

Wm > QK = fo+(Qy) Y wm >0 (14.76)

Wm < QK o Qu = fr-(Qy) Y wm <0 (14.77)
The feasibility bounds are illustrated in figures and [14.8 If the flow reference @, for
a constant QJr, Qg and @, reaches the infeasible bound indicated with point (wm,i, QW)

in figure [14.7} it is forced equal to Qy maz = Q-

From figure |14.8| it is seen that the gradient 3 ‘9“”” has to fulfil 0 < 8‘5’" < g to avoid

jumps in w references as shown with point (0, Qm) This gradient criteria is fulﬁlled in
the designed input transformation matrix as shown in equation (14.65).

Awm Jo+
Feasible Region

A wm Jo+
Feasible Region

(QLa QHa q
(Qr, Qu, Qf) = const

Wmyi 4 ---=
bm,i //'/ > /;
Qu,i Qu Qu,i QN%

Jo- Jo—
Feasible Region Feasible Region

Figure 14.7: Feasibility illustration used to  Figure 14.8: Feasibility illustration used to
describe Quy maz = Q- describe the possible discontinues jumping
behaviour in @, and wy,.

14.4.4 Enforcing feasibility

It is desired to bound the virtual flows Qp, @, and @, such it is possible to enforce
the physical inputs to the system. The input transformation matrix W, is used since it
describes the relation between the physical- and virtual inputs. The inequalities may be
expressed by assuming

w1, W31, W22, W32, W43, ws3z < 0. (14.78)
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Torque flow Q;:

w
Qea=wq QL+ wsz-Qr >0 = Qr < —wfz QL (14.79)
Qpp = ws1 - QL +ws3 - Qr >0 = Qr < _% QL (14.80)

The two torque flow constraints are both maximum values in relation to the inequalities,
meaning that if the lowest value of the constraints is enforced, both constraints will be
enforced. This statement may be expressed as

) w w
Qr.maz(QL) = min <—41 Qr -2 QL) (14.81)
W43 W53
where Q7 mas describes the enforced feasibility bound.

The validity of the proposed flow constraint ()2 in equation is challenged due to
no available pressure in the return-side chamber. Both valves are operated with the same
input, making it impossible to enforce the constraint. The constraint violation should be
investigated but is not considered in his project due to a lack of time.

Level torque flow Q:

w
Qcv = we1 - Qr +wes - Qy >0 = Qy > —Fz'QL (14.82)
Qpv = w1 - QL +wra - Qy >0 = Qy = —%2 QL (14.83)

The two level torque flow constraints are both minimum values in relation to the inequal-
ities, meaning that if the highest value of the constraints is enforced, both constraints will
be enforced. This statement may be expressed as

- _Wetr _wn
Qy,min(Qr) = max ( 0o QL , w0t QL) (14.84)

where Qy min describes the enforced feasibility bound.

Level flow Qp:

w1 - Qr +wa3 - Qr

Qav =w21-Qr+wy Qu+ws - Qr=>0 = Qy<-— o (14.85)
. + : T
Qpv =w31-Qr +ws-Quy+wsz-Qr >0 = Qpy< et QLw32w33 @ (14.86)

The two level flow constraints () are both maximum values in relation to the inequalities,
meaning that if the lowest value of the constraints is enforced, both constraints will be
enforced. This statement may be expressed as

wor - Qr + waz - Qr _w31'QL+w33'QT> (14.87)

QH,max(QLa QT) = min <_ 5

w22 w32

where Q) g mae describes the enforced feasibility bound. The torque pressure and the level
pressure is not active at the same meaning that Q)7 = @+ ma. Which effectively reduces Qg
to be only dependent on Q.
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14.4.5 Input- and output transformation results

The effect of the designed input- and output transformations are investigated through a
RGA number analysis shown in figure The analysis results indicate that it is possible
to fully decouple most of the virtual inputs and outputs, only with slight coupling present
in figure The leftover couplings may be eliminated by feeding back the level torque
with gain K., effectively eliminating its influence on p,.

4 T T 4
8sf T
5, —2(Q1),pu(Qn) 5, —2(Q1).7.(Q")
i —2(Qu),pu(Qr) i —z(Qr),p-(Qr)
Sl ] O
o o
0 | | 0 | |
10° 10 10° 10° 10° 10’ 102 10°
Frequency [rad/s] Frequency [rad/s]
(a) (b)
4 T 4 T
83t 23t
5, —2(Q0)- 7 (Qy) 5,1 —pn(Q).p-(Q7)]
i —2(QL),py(Qy) i —pu(Qr), p-(Qnu)
O} 1F O] 1F
o o
0 : : 0 : :
10° 10 10° 10° 10° 10’ 102 10°
Frequency [rad/s] Frequency [rad/s]
(c) (d)
4 [ /\I
4 -
s 2, _
£ €
35 —pu(Qu), Py (Qy) ] 2 —p-(Qr), P (Qy)
<CE —PH (Qw),pw (QH) < 2r _pT(QU)7pL(QT) 1
(5 1 - o \
o [
0 : : 0
10° 10 102 10° 107 10° 10 10?
Frequency [rad/s] Frequency [rad/s]

(e) (f)

Figure 14.9: RGA number analysis of input and output decoupling.

14.5 Torque Pressure Feedback

To eliminate the low but present coupling in the system, it is chosen to utilise a level
torque feedback loop. The used control law is stated as

QT = Q:— + K‘rzp * Dy (1488)

The control law is substituted into [I4.16) where all terms containing py, are collected and
equated to zero. The required gain to eliminate the influence of py in p; is determined to

Ky = —Kpsy - (T +1) (14.89)
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The feedback loop is shown in figure [I4.10]

QrL, Qu, Qu] L, pH, Dr)
Q: mQT QCM Dy
&/
Kry

Figure 14.10: Block diagram of py feedback.

To fully verify the validity of the decoupling results it is necessary to also include the
actuator dynamics. The combined state space model is utilised and the corresponding

RGA number analysis is shown in figure [14.11

4 4
83} 23t
5,| —@0).2a@n)]| 5,| —(Q0).p- (@)
< —2(Qn),ru(QL) < —2(Q:), p-(Q1)
ol Gyl
T T
10° 10’ 102 10°  10° 10’ 102 10°
Frequency [rad/s] Frequency [rad/s]
4 4
83y FEL
5,1 =@ @] 5,| —p(@u). 1 (-]
< —2(QL), py(Qy) < —pu(Qr), p-(Qn)
3l Gyl
T T
(1)00 10 102 10° (1)00 10° 102 10°
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83y 23t
5,1 —p@n)- 7 @] 5,| —p.(Q).2u(Q0)]]
< —rr(Qu) e (@u)f| & —p:(Qu), py(Q)
3l | g4l
o T
0 0 : :
10° 10! 102 10 10" 10° 10 102
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Figure 14.11: RGA number analysis used

Frequency [rad/s]

to show the effect of the designed input and

output decoupling including p, feedback with actuator dynamics.
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14.6 Perturbation of Decoupling Parameters

To investigate the decoupling with respect to modelling errors it is chosen to include a
perturbation of the decoupling parameters H, T' and K. To test the robustness of the
decoupling it is chosen to introduce an estimation error of 20 % to the three parameters.
It is chosen to only present the relevant RGA number plots in this section, where actual

coupling is present.

14.6.1 Perturbation of H

The RGA number for positive and negative perturbation is shown in figure [[4.12 It is
seen that couplings only exist between the load pressure pr and level pressure pg. Minor
coupling is seen around the natural frequency of the system (= 100 rad/s). The present
coupling is relatively small and it is assumed that the volume parameters within H are
possible to estimate with a high degree of precision.

4 y~= 4 T
[} (0]
£t B
5 —2(Qr),pr(Qn) 5 —2(Qr),pr(QH)
:_: 2t —z(Qu),pu(Q1)] i 2t —z(Qu),pu(Q1)
21} | &1

0 ] _J.! 0 ] N

10° 10 102 10 10° 10 102 10°

Frequency [rad/s] Frequency [rad/s]
(a) Positive perturbation (b) Negative perturbation

Figure 14.12: Perturbation of the parameter H.

14.6.2 Perturbation of T

The perturbation of the 7" parameter results in low frequency coupling between the torque
pressure and level torque pressure. The parameters within T' consists of constant pump
displacements and leakage, that through experiments could be determined with a usable

precision.

S 4 I S 4
(0] (0]
£of { £ -
g —PT(Qr)vpz;L-(Qw) g _pT(Q7)7p'UL'(Q't/))
< 2r _pT(QU‘J):pw(QT) 1 < 2r _pT(Qu")va(QT) 1
O O
oci1f oc1f

0 \ | O — |

107 10° 10" 102 10" 10° 10 102

Frequency [rad/s] Frequency [rad/s]
(a) Positive perturbation (b) Negative perturbation

Figure 14.13: Perturbation of the parameter T
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14.6.3 Perturbation of K,

The parameter K is also dependent on the pump leakage and yields similar coupling in

the low frequency domain.

(0] (O]
gaf { 9 -
g _pT(QT)va(Qw) g _pT(QT)va (Qu‘))
< 2r _pT(Qw)va(QT) 1 < 2r _pT(Qw)>pu(QT) 7
O] )
ocir ocir

e . o |

10 10° 10 102 10 10° 10 102

Frequency [rad/s] Frequency [rad/s]
(a) Positive perturbation (b) Negative perturbation

Figure 14.14: Perturbation of the parameter K, .
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The proposed transformation matrices W, and W ., are proven to decouple the pump
implementation system thus allowing decentralised control. The system contains four con-
trollable states pr, pm, pr and py meaning that it is necessary to design four different
controllers.

Both the load pressure py, and level pressure pg controllers are similar to the ones employed
in both the original SvSDP system and the supply concept. The additional controllers used
to reduce the shaft torque should be designed to be stable for both low- and high-pressure
operation, where the oil stiffness is varying from approximately 1000 to 7500 bar, respec-
tively.

The designed feasibility bounds will cause saturation effects in the virtual inputs to ensure
realisable input generation to the physical actuators. To ensure proper system behaviour
it is necessary to generate smooth and suitable references to each controller, taking these
effects into account. The reference generation is complex, since it is necessary to combine
virtual- and physical dynamics to generate a feasible virtual signal which produces the
desired performance in the physical states.

15.1 Motion Controller

The motion controller should maintain the same functionality as the one designed for the
original SvSDP system described in section [2.6] It is further desired to ensure a robust
controller for load holding situations capable of effectively rejecting disturbances to not
compromise on the tracking performance.

The load pressure feedback is applied to increase the damping in the system, similar to
the approach used in section Based on the damped system it is chosen to design
a PI controller to ensure zero steady state error at constant position reference. The used

controller is stated as

K,
G. 17(3) = Ka:,P + wl

5

(15.1)
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It is also decided to implement velocity feed forward to cancel out the reference contribution
of the cylinder dependent flow to improve the dynamic response. The used controller
structure including active load pressure damping, position controller and velocity feed
forward is defined in equation where the corresponding control structure is illustrated
in figure [15.1}

. K,
QL= Ay - Tref + (Kz,P + > ) ex — Kaqd - pL (152)
ftref
Ay
Lref er /J\ z QL T
= Ges —D—) D
~ pH
p‘r,set QH D
PH set pw
Dy set
Kad

Figure 15.1: Block diagram of position controller with velocity feed forward and load
pressure feedback.

The PI parameters are determined based on a robustness criteria related to the resulting
phase- and gain margins. The parameters are further designed to obtain the largest pos-
sible bandwidth of the system, while retaining the desired margins. It is decided to allow
overshoot to obtain a faster settling time.

The parameters for the designed controller and the obtained gain and phase margins for
pressure levels at 2 and 30 bar are shown in table [15.1)). The open- and closed loop bode
characteristics of the controller and system (G H) with and without actuator dynamics

(G ) for oil pressures of 2 and 30 bar are shown in figures and to showcase
stability at different oil stiffness levels.

Parameter Value Unit
Kq.p 0.136 o
Ko 14.16 o
Ko 2.030-10710 =M%
GM: 30 bar 18 dB
PM: 30 bar 82 deg
GM: 2 bar 4 dB
PM: 2 bar 73 deg

Table 15.1: Parameters for position controller and corresponding phase and gain margins.

15.2 Level Pressure Controller

The level pressure controller should maintain same functionality as in section 2.6f The
level pressure reference is therefore a scalar function of load pressure p; and the minimum
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Figure 15.2: Open loop bode plot of po- Figure 15.3: Closed loop bode plot of po-
sition control and plant with and with- sition control and plant with and with-
out actuator dynamics for respectively out actuator dynamics for respectively
30 and 2 bar. 30 and 2 bar.

pressure py st defined as

H H
DHyref = — <a> “pL + <Oé + 1) *PH,set (153)

The switching condition of the minimum pressure chamber is defined in equations ([2.68)
and (2.69). The control law may be stated as

QH = GC,H : (pH,ref _pH) (154)

The level pressure control structure for the modified system is illustrated in figure [I5.4]

Decoupler
H H H

Wm,ref
Level ﬂ» QAavyrer x L

Pused pressure [Pr.res @ﬁ a Qn QBVref Pa Py
— c,H
reference Q- W QcAref a Ps |y | Pu

>

enerator =1 =CM =2
8 Qy QDB ref Pc P,
QU Qcvires 1Po| | Py
QDV,v'ef

Figure 15.4: Block diagram showing the implementation of the level pressure control strat-
egy, used to control the level flow reference Qg ey

The level pressure controller is designed using similar approach as described in section [2.6]
where a simplified transfer function Ggim:Q,2p, () is used as a design basis.
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It is chosen to change the PI controller structure for the level pressure used in section
[2.6] to a proportional controller. This change is done to avoid integrator wind-up caused
by feasibility saturation. It is assumed acceptable to have steady state error as the level
pressure performance is of second priority compared to the motion tracking. The used
controller is stated as

GC7H(8) = KHJD (15.5)

It is further necessary to expand the P controller with a second order filter to effectively
damp high frequency oscillations present in the reference generation from the chamber
pressures. The cut-off frequency is chosen such the level pressure does not respond to
oscillations around the natural frequency of the system. The level pressure controller and
filter parameters are listed in table [15.2]

The open- and closed loop bode characteristic of the controller applied to the system
with and without actuator dynamics are shown in figures and [15.6] From the bode
characteristic it is seen that the actuator dynamics of the valves do not influence the
response of the level pressure control in the frequency range up to 10 rad/s where the
signals of the system are significantly damped. Furthermore it is seen that the bandwidth
of the control loop is sufficiently lower than the natural frequency of the cylinder, meaning
that the possible pressure oscillations from the cylinder will be greatly damped. The
controller is stable for both low- and high pressure operation.

m 25f m g
S, S,
= 3
20 2

S 5
= 25 =

-50 50

0 0

H=—G:30bar: eg to py
—éCA,I:SObar: ey to py
=270 éH:2bar: ex to py

—éCM:Qbar: en to py

Phase [deg]
3
Phase [deg]
3

H—G :30bar: prrer to pu \
—(ECMZ?)ObaYZ DH,ref 1O PH

-2701|—Gg:2bar: pyrer t0 pu 1

—éCM:Qbar: DHref 1O PH

1072 107 10° 10 107 10° 10
Frequency [rad/s] Frequency [rad/s]

Figure 15.5: Open loop bode plot of Figure 15.6: Closed loop bode plot of

level pressure control and plant with and level pressure control and plant with and
without actuator dynamics for respec- without actuator dynamics for respec-
tively 30 and 2 bar. tively 30 and 2 bar.

15.3 Level Torque Controller

The level torque pressure controller should maintain a defined pressure in the counteracting
torque chamber effectively reducing the total generated shaft torque. The error of the level
torque pressure is given as

ey = Dipref — P (15.6)
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Parameter Value Unit
3

KH,P 1.99 .10~ SI.H?[?
WH, filt 30 e
CH, filt 1 -

Table 15.2: Parameters for the level pressure controller and corresponding second order
filter

where py ¢ should be generated dependent on both a set parameter py .; and the torque
pressure pr.

15.3.1 Reference generation

The py ref is calculated from the torque pressure defined in equation (14.11)). It is for ease
of reference decided to restate the torque pressure equation as

pr=—pc+n-pp (15.7)

The design connecting all pumps to one shaft, sets the necessity of always keeping the
pressure low in the torque chamber where fluid is supplied. The switching criteria is

QL>0 = pp=pyset (15.8)

QL <0 = pc=Dpyse (15.9)

For w,, > 0 the pressures could be defined based on the set pressure and the desired torque
pressure as

DD = DPy,set (15.10)

PC =N Dyset — Pr (15.11)

This is substituted into the level torque pressure in equation (14.12). The level torque
pressure is then described in terms of p; and py g as

DPyref =1 Pip,set — Pr +T- Dip,set = Dap,set - (T + 77) — Pr (1512)

Inserting py rer into the level torque error in equation ([15.6) it can be shown that the error
only depend on the pressure level in one chamber as

ey = Pyset* (T +n) — (=pc +n-pp) —pc+T - pp (15.13)

0

ey = Pyset - (T +n) +pp - (T —n) (15.14)

The feasibility bound ensures that the flow through the proportional valves Qcv and @ py
are always positive. The feasible bound is highly dependent on @, which requires a
different type of reference for the opposite side. This is not considered in this report due
to time limitations. Instead the controller is turned on and off as described in section [15.5

15.3.2 Controller design

Being able to calculate the level torque pressure reference the control law can be formulated
as

Qu = Gey  (Pyrer — Do) (15.15)
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Figure 15.7: Block diagram showing the implementation of the level torque pressure control
strategy, used to control the level torque flow Q.

where G, is the pressure controller. The block diagram of the controller structure is
illustrated in figure [15.7]

The controller is designed based on a simplified transfer function describing the relation
between () and p, created from equation ((14.45)) where Ky, < 0 is assumed.

_ Py(s) Bo 1

Gsim:Qprw(S) = Qw(s) = Ve - (T T 77) : ; (1516)

It it chosen to utilise a proportional controller using the same argument as the level pressure
control strategy where steady state error is considered acceptable instead of the cyclic
behaviour seen when employing integrators.

Ceu(s) = Ky (15.17)

where the controller parameter can be seen in table

The level pressure reference is generated based on chamber pressures pc and pp which
might trigger oscillations since both chamber pressures are affected by the motor velocity
dependent pump flows. It is not desired to react on these oscillations as the level torque
controller dynamics are much slower. To effectively damp the oscillations it is chosen to
implement a second order filter together with the P controller expressed as

2
Wb, fitt
§% 4 2 Gy, i - Wy, pite - S+ W g

Gy, pit(s) = (15.18)

where the filter parameters are listed table [15.3]

It should be noted that the filter may slow the level torque dynamics and could poten-
tially, for rapid changing motor velocity, cause unwanted pressure build up in the torque
reduction chambers. The torque reduction is mainly applied at sequences where the motor
velocity is steady making the above mentioned situation a rare case. A large position
disturbance will cause a rapid increase in the motor velocity where the torque reduction
chamber pressure levels will be limited by the pressure relief valves.

The cut-off frequency of the filter is chosen to ensure that the dynamics of the valves "oy’
and ’py’ can be realised while filtering out the unwanted oscillations. The filter combined
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with the P controller constitutes the designed level torque pressure controller described as

Gen(s) = Gy fitr(s) - Gy p(s)

The open- and closed loop bode characteristic of the controller and plant applied to the
system with and without actuator dynamics are shown in figure and [15.9] From the
bode characteristic it is seen that the actuator dynamics of the valves do not influence
the response of the level torque pressure control in the frequency range up to 10 rad/s
where the signals of the system are significantly damped. Furthermore it is seen that
the bandwidth of the control loop is sufficiently lower than the natural frequency of the
cylinder, meaning that the pressure oscillations from the cylinder will be greatly damped.
The controller is stable for both low- and high pressure operation.

(15.19)
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Figure 15.8: Open loop bode plot of level
torque control and plant with and with-
out actuator dynamics for respectively
30 and 2 bar.

Frequency [rad/s]

Figure 15.9: Closed loop bode plot of
level torque control and plant with and
without actuator dynamics for respec-
tively 30 and 2 bar.

Parameter Unit

—12 3
Ky.p 1.68 - 10 o
Wy, filt =
§u, filt 1

Table 15.3: Parameters for the level torque controller and corresponding filter

15.4 Torque Controller

Due to lack of time it has not been possible to create a continuous running torque refer-
ence. It is chosen to activate the torque controller with respect to the return side chamber
when the pressure gets close to tank pressure. The implementation is described further in
This approach is chosen because the motion control is of first priority.
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The torque pressure controller should reduce the total shaft torque by increasing the pres-
sure in either chamber C and D dependent on the load sign and cylinder movement. The
error of the level torque pressure is expressed as

€r = Pryref — Pr (1520)

where p; ..y should be generated dependent on a set value p; se; and the load pressure py,.

15.4.1 Reference generation

To obtain the largest possible torque reduction for positive load pressure, the pressure
should be pc = pa — prset, Pp = pr . The torque pressure references can therefore be
created from equation ([14.11)) and the definitions of p4 and pp in equation |14.14]and [14.15|
for pp > 0 as

Proref = _(pA - p‘r,set) +n-pr (15.21)
|}
H «
= — . : - pr . 15.22
Pryref (Oz TH pL + ot H PH — D ,set) +n-pr ( )

The p; set is an equivalent offset in the chamber pressure used to ensure that the wanted
flow is available. The reference for pr, < 0 is not considered in this project as the feagibility
bound is highly dependent on @1, and it has not been possible to generate a proper
reference in the time frame of the project. The implementation is described in section
[15.5]

15.4.2 Controller design

Being able to calculate the torque pressure reference the control law can be formulated as

Qr = GC,T : (pT,ref - Pr) (1523)

where G, is the pressure controller. The block diagram of the controller structure is

illustrated in figure [15.10

Decoupler
Torque QL i

i Iz
Prset | pressure pmef(\ o VA @r pL
reference =/ o N G HC -
= p.
generator @ Py
D set

Figure 15.10: Block diagram showing the implementation of the torque pressure control
strategy, used to control the torque flow Q.

The torque controller is designed using a simplified transfer function describing the relation
between @ to pr. The included level torque pressure feedback presented in section
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modifies the simplified transfer function to describe the relation between Q)} to p, expressed
as
Gsim:Qrap, = Pr(s) Vo -(T+n)
stm:Q*2pr — -
74P Q* (S)

T

(15.24)

Similar to the level pressure and level torque controllers, it is chosen to utilise a proportional
control strategy combined with a low pass second order filter.

Ger(s) = Ky p (15.25)

) )

2
Wr filt

GT . S) =
it (s) s24+9. & filt - Wr filt + S + wz,fz‘lt

(15.26)

The controller and filter parameters are listed in table [I5.4] The filter combined with the
P controller constitutes the designed torque pressure controller described as

Ge(s) = Gy,fir(s) - Gy,p(s) (15.27)

The open- and closed loop bode characteristic of the controller and plant applied to the
system with and without actuator dynamics are shown in figures [I5.8] and [I5.9] From the
bode characteristic it is seen that the actuator dynamics of the valves do not influence
the response of the level pressure control in the frequency range up to 10 rad/s where the
signals of the system are significantly damped. Furthermore it is seen that the bandwidth
of the control loop is sufficiently lower than the natural frequency of the cylinder, meaning
that the possible pressure oscillations from the cylinder will be greatly damped. The
controller is stable for both low- and high pressure operation.
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Figure 15.11: Open loop bode plot of Figure 15.12: Closed loop bode plot of
torque pressure control and plant with torque pressure control and plant with
and without actuator dynamics. and without actuator dynamics.
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Parameter Value Unit
3

K p 1.19-10712 s%(%
Wr, filt 5 %
Er filt 1

Table 15.4: Parameters for the torque level controller and corresponding filter

15.5 Controller Implementation

This sections aims to investigate the controller performance and limitations of the designed
system. The controllers are implemented on the nonlinear model where the designed con-
trollers are tested with the trajectory shown in figure and a fixed external load of
20 kN. The trajectory is similar to the previous used but with an extended load holding
sequence.

The torque pressure control should only be active when the cylinder is at standstill and
when the return side pressure is close to tank pressure as the motion performance is of
first priority. When operating in original SvSDP mode it is desired to reduce the flows
Qca and Qpp to zero. To ensure the validity of the decoupling at all time it is necessary
to drive the torque flow @7 to the feasibility bound Q7 mae, ideally making Qca and Qpg
both equal to zero if possible.

The used loop is constructed as

if ©~0mm/s & pp<4bar

Q’T:QT

else

QT = Qr,ma:p
end (15.28)

The level torque pressure control needs to be active at all time, but as the feasibility bound
is highly dependent on @, making it difficult to generate the correct reference. This issue
has not been solved due to the time limitation of the project. Instead the valves are fully
opened in these situations thus ensuring no pressure build up. This feature is implemented
as

if wy, >=0rad/s
Qyp = Qy
else
Qw = Qw,min =15 Kpyy - wm
end (15.29)

For improved performance in positive direction, the if-statements could be changed, cre-
ating a smooth transition between conditions, but this is not considered here.

The simulation results seen in figure shows that the tracking performance of the
system is similar to the original SvSDP system though with the exception of a large error
spike present when the torque controller is turned off which is assumed to be caused by the
discontinuity related to using if statements. It is assumed this transition could be more
smooth if it was slew rated.
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The pressure level controller ensures a back-side pressure of 25 bar as shown in figure[I5.13¢|
during high-speed operation. Furthermore it is seen in figure that the designed p,
controller is capable of producing close to the desired pressure level in the torque chamber
C as the pressure is approximately 10 bar below the pressure in chamber A, equivalent to
a reduction in shaft torque.

The infeasible flow constraint ()2 is present in figure [15.13f] where the generated reference
flow cannot be realised due to the non-existent pressure drop over the valve.

It has not been possible to find a viable solution for this in the feasibility analysis hence
the necessity of considering this effect as a disturbance. The shaft torque is reduced with
approximately 15 Nm as seen in figure resulting in a power consumption of 440 W
at load holding which is a reduction of at least 200 W compared to the standard SvSDP
system.

15.6 Evaluation

Doing simulation problems with pressure build up in chamber C and D chamber are noticed
setting the requirement an evaluation of the pump sizing. This investigation is closely
related to the generated input transformation matrix and used constraints, which are also
evaluated.

15.6.1 Torque reduction pump sizing

The design of the control system sets requirements to the component sizing, to ensure
the wanted performance. Due to the decoupling of the level torque pressure, both valves
are utilised at the same time which introduces unwanted flow leaving the chamber where
pressure build-up is wanted. To ensure a pressure build the following criteria has to be
fulfilled as

pc >0 = 0< —Kpyy wm +Qca— Qcv (15.30)

From the input transformation shown in equation (|14.65)) it is possible to set up the relation
between Qcy and Qpy as

Qca < Kpiow - wm (15.31)

K
Qev =Qpv -n=1-Kpsw - wn , M= KP5°” (15.32)
Piw

By inserting the flow definitions it is possible to rewrite the equation to express a displace-
ment inequality as

K
<KP4w + KP5w : KP5w> cwm < Kp1aw - wm (1533)
P4w
A8
K3y, +Kbe, < Kpiow (15.34)

Similar case has to be fulfilled for negative load expressed as

0 < —Kpsy - wm +Qpp — @DV (15.35)
where
QpB < Kp3w Wi (15.36)
K K
Qpy = 9oV _ Brw o n= 1% (15.37)
] ] Kpy,
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The displacement inequality may then be stated as

K
(KP5w + KI;:;) cwm < Kpsy, - wm (15,38)
Pdw
U
Ky + Kps, < Kpa (15.39)

The displacement of pump P3 is lower than the combined displacement of pumps P1 and
P2, meaning that to ensure functionality in both directions, it will be necessary to fulfil the
inequality equation . This design criteria will greatly reduce the achievable torque
reduction. Based on this knowledge it may be more suitable to reconsider the single-pump
concept which contradicts the arguments presented in section [I1.I] or employ a different
control approach.

15.6.2 Decoupling strategy

From the decoupling strategy it is seen that it is inappropriate to use the constraint given
in because the system ’bleeds’ flow in the torque chamber where it is wanted to
build up pressure. This results in a smaller allowable torque reduction pump. To overcome
this problem a new approach could be to design two new input transformation matrices,
one for each direction where the opposite valve may be forced open.
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Part 2 Conclusion

The conceptual study shows that a two-pump structure may produce the highest possible
torque reduction, as it is possible to pair each implemented torque reduction pump to the
existing pump units.

The pump concept has proven effective in reducing the torque in load holding situations.
The system is modelled and linearised and it has through a decoupling strategy, employing
input and output transformations including a pressure feedback, been possible to decouple
the virtual in- and outputs. The decoupling is proven effective even with £20 % perturba-
tion of the decoupling parameters. The realisability of the valve inputs sets requirements
to the creation of realisable feasibility bounds, as most of the employed valves are only
capable of sinking flow from the system due to their inherited designs.

The feasibility analysis has proven it is impossible to effectively saturate all inputs such
physical infeasible flows can not occur, with respect to the system where the loss of return
side pressure challenges one of the flow constraints. This constraint evaluation has been
investigated using the nonlinear model still showing promising performance.

It is proven possible to generate a viable reference for the torque reduction pressure when
holding a positive load. The feasibility bounds are causing problems in situations where
the load is negative as the reference generation needs to be done based on the feasible
bounds. The analysis show that the feasibility bounds related to level torque pressure and
torque pressure changes rapidly dependent on the load flow, setting special requirements
for the generated reference value. To solve this issue it has been tried to utilise multiple
different flow constraints to formulate a configuration where this dependency is minimised.
It has not proved possible to obtain the desired feature, hence the requirement of further
study.

The analysis results indicate that a single-pump design may provide similar results with
less components, which contradicts the results presented in the conceptual study. This
conclusion shows that it is difficult to visualise the end-results of such a complex system,
without comprehensive analysis and development of controller strategies. Since any new
developments or major modifications in the proposed concepts are time consuming, it has
not been possible to investigate the single pump strategy. It is further assumed that better
results on the two pump strategy may be obtained, if an appropriate reference is generated
to each of the virtual inputs and a different transformation strategy is utilised.
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Conclusion

The original SvSDP system is modelled using a nonlinear and linearised model. The
models are validated against experimental data and good correlation is concluded. The
representative mathematical model of the physical system is utilised for controller designs
and verification of performance. Based on experimental results from the original SvSDP
system, it is concluded that the achievable system motion performance is similar to that
of a conventional valve controlled drive (VCD). The SvSDP system is proven capable of
reducing the power consumption associated with high-speed operation compared to the
VCD solution.

The permanent magnet synchronous motor and frequency converter is successfully esti-
mated using the ARMAX gsystem identification tool to validate the motor model. The
estimated model is concluded to be a precise representation of the drive unit. The slight
deviations between experiments and model results is concluded to be caused by nonlinear
saturation effects in the frequency converter.

The system analysis chapter is concluded with a power consumption analysis based on
both measured power data and a model based power estimation. The measured and
model-based results shows a good correlation making it reasonable to utilise the model
for further power distribution analysis. The experimental results showcases the difference
between input-power for the SvSDP system and the VCD both in relation to high-speed
operation and load holding sequences where the cylinder speed is approximately zero. The
results show that the SvSDP system reduces the power consumption during high-speed
operation compared to the VCD. The VCD is capable of holding the applied load at
standstill using zero input power whereas the SYSDP system uses a holding-power making
it inefficient as the output power for load holding sequences is approximately zero. The
validated model containing electrical and mechanical losses shows that the majority of the
input DC-bus power during load holding is related to ohmic losses present in the motor.
The excessive ohmic loss is concluded to be caused by a large shaft torque proportional
to the external load. The power analysis conclusion provides the basis of the remainder
of this project where two new topology concepts has been developed to reduce the power
consumption at load holding operation.

The validated SvSDP models are used as a basis for the two new concepts as only minor
modifications are done to the main functionalities of the original system model.

The valve-drive system concept is designed to emulate a VCD for load holding situations.
This is done by dividing the main system into a cylinder system and a supply system con-
nected through two main-flow line valves. The proposed concept is capable of switching
into the original SvSDP system at high-speed operation by fully opening the valves. It has
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been possible to employ a decoupling strategy to the cylinder system to achieve a fully
decoupled virtual system thus allowing the design of two separate controllers for the level
pressure and motion tracking. The cylinder system is designed with a flow mismatch which
effectively ensures a build-up in the return side pressure, equivalent to the performance
of the SvSDP system. Tracking performance, similar to the original SvSDP system, was
shown with a reduced power consumption of up to 80%.

The supply system is controlled by utilizing a closed loop pressure loop. The supply system
is sufficiently capable of supplying the main-flow valves based on the references generated
from the cylinder control system. It was concluded, that to obtain a proper tracking per-
formance in low speed operation, it would require a valve with a minimum bandwidth of
70 Hz, where the fully open area is equivalent to the area of the used hoses thus minimising
the pressure drop at high-speed operation. Unfortunately it has not been possible to locate
a valve capable of realising the bandwidth and pressure drop. Based on this conclusion it
is chosen not to develop a transition strategy which couples the load holding system with
high-speed SvSDP operation.

The pump implementation concept is designed to reduce the shaft torque at load holding
situations resulting in a lower power consumption. Based on the conceptual study it is
concluded that the largest torque reduction is achieved by the utilisation of two additional
pumps. This conclusion is challenged based on the decoupling and controller results,
where it is shown that either a single-pump or variable displacement concept may be more
applicable.

The two pump concept has been modelled showing coupling. It has been proven possible
to decouple the 4 virtual in- and outputs and to successfully control the overdetermined
system using a decentralised control strategy. The inclusion of additional virtual inputs
increases the complexity of the system in regard to enforcing flow feasibility and reference
generation. The decoupling approach introduces three decoupling parameters which are
all tested with £20 % perturbation. Based on these results it is reasonable to conclude
that the decoupling performance is ensured even with badly estimated decoupling param-
eters. It has been possible to ensure physical realisable flows for all input except one due
to a low return-line pressure. The effect on the decoupling should be investigated further
due to this effect. The feasibility bounds employed is largely dependent on the load flow,
making it difficult to design a feasible references for negative cylinder velocities and loads.
The benefit of employing torque pumps instead of the valve solution is the possibility of
gaining energy when the force and cylinder velocity are in opposite direction due to sign
definition. The torque pump concept is shown to have a power consumption of 400 W
at load holding situations, reducing the power consumption with 200 W at load holding
situations compared to the original SvSDP system.

Both concepts are capable of reducing the shaft torque thus minimising the associated
ohmic losses and input power. The power consumption is lowered at the cost of an increased
system complexity and a large number of added components. It has not been possible to
achieve a finalised concept fit for practical implementation as both concepts show design
limitations.
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Future work
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The future works chapter will present alternative drive ideas and concept modifications.
It is important to note that the two drive concepts proposed in this project may not be
the best possible solutions as proven with the conclusions drawn to the pump implemen-
tation concept, where a single-pump solution may have provided better results in relation
to achievable torque reduction, which contradicts the intuitive concept selection. Each
concept requires comprehensive research and analysis before it is possible to draw the final
conclusions, making it impossible to cover multiple solutions in the span of one project.
The obtained knowledge from each analysis have provided a few alternative solution pro-
posals, all briefly presented here covering the following concepts.

A. Torque reduction using a single variable displacement pump

— Similar to the proposed external gear motor (EGM) concept, where a single
reversible pump is used to generate both positive and negative torque.

B. Torque reduction using the EGM concept where the second pump P2 is idling

— By idling the second pump it is effectively possible to obtain a more beneficial
torque reduction pairing.

C. Modification of the SvSDP system using variable displacement pumps

— This will revise the whole idea of the SvSDP system, requiring a redesign of the
system using two variable displacement pumps instead of the three switched
pump setup.

18.1 Concept A

It has been proven in this project, that it may be beneficial to employ additional pumps to
effectively reduce the shaft torque thus minimising the ohmic losses. The proposed concept
will modify the EGM concept with a variable displacement pump capable of supplying in
both directions similar to the EGM unit. The variable displacement feature will help to
achieve a more effective pump pairing as the included torque pump may be designed with
a maximum displacement proportional to the combined displacement of pump one and
two. The proposed A concept is illustrated in figure [I8.1]
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The issue of using such a system is related to the typical slow dynamic behaviour of the
displacement adjusting mechanism. If the bandwidth of the displacement actuation is too
low, it could cause problems by having unwanted high displacement ratios at the wrong
time thus affecting the achievable system performance. Since the desired pump pairings
will vary in relation to the externally applied load proportional to the highest chamber
pressure, it is assumed complex to design an effective displacement control if the load sign
is changed sufficiently fast.
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Figure 18.1: Hydraulic circuit of the proposed A concept, where the fixed displacement
pump is replaced with a variable displacement unit.

18.2 Concept B

The proposed B concept is similar to the achieved performance of the A concept in terms
of obtainable torque reduction. The additional valve is used to idle the second pump which
effectively minimises the displacement difference between the two remaining pumps as the
displacement of pump one is similar to the third pump. With a reduction in displacement
difference it will be easier to find a suitable match to the torque pump, which ensures
proper torque reduction for both positive and negative load cases. The activation of the
idling valve will introduce dynamic interference in the system. The degree of interference
is governed by the valve bandwidth.
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Figure 18.2: Hydraulic circuit of the proposed B concept, where the EGM concept is
combined with an additional valve used to idle the second pump.

18.3 Concept C

The C concept is a more comprehensive redesign of the SvSDP system, due to the ac-
cumulated amount of components. The desired functionality is equivalent to the original
SvSDP setup, including a load holding capability. Instead of utilising the switched pump
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and torque pumps it is proposed to implement two variable displacement pumps which
should be capable of ensuring similar flow mismatch. The achievable system performance
is governed by the bandwidth of the angling mechanism and motor. It is also considered a
complex task to design a viable control for the system, where the inputs are motor velocity
and pitching. The output flow may be zero regardless of motor velocity as the displacement
can be forced to zero by the pitch mechanism.
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Figure 18.3: Redesign of SvSDP system using two variable displacement pumps.
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Check Valve
Characteristics and
Constants

The check valve data listed in table is related to the used system notation as
M-SR30 KE00: CVAS and CVBS
M-SR15 KE00: CVAP1, CVAP2 AND CVAP3
M-SR15 KE02: CVAP21
M-SR15 KE05: CVAR

Valve type
Constants M-SR 15 KE0O0O M-SR 15 KE02 M-SR 15 KE 05 M-SR 30 KE0OO
Pev—cr—z 0 bar 0.28 bar 0.54 bar 0 bar
Pev—end—z 0 bar 0.65 bar 1.05 bar 0 bar
APey—n—z 1.16 bar 1.16 bar 1.16 bar 2.4 bar
Qev-n—z 70 70 70 350

Table A.1: Constants used to describe the orifice equation. The values are based on
(Rexrothl 03/2011]).

The used quasi-static modelling approach is based on the data and dynamic responses pre-
sented in (Rexroth, 03/2011). The quasi-static model is compared with the non-simplified
dynamic model as shown in figure Based on the results it is assumed valid to utilise
the proposed check valve model.

25 T T
Data Sheet M-SR15 KE00
Data Sheet M-SR15 KE02
M-SR15 KE05
2f Data ¢ M-SR30 KE00
— = = Static M-SR15 KE00
- 1-SR15 KE02
— = = Static M-SR15 KE05
= 15F Static M-SR30 KE00
3
=3
Sy
< 1t
0.5

0 ) 20 40 60 80 100
Flow [l/min]

Figure A.1: Pressure drops across the check valves as a function of flow.(Groenkjaer and
Rahnl 2015)
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Friction Model

The used friction theory is based on (Hertz et al. 2016b), (Armstrong-Hélouvry et al.l
1994) and (Hvoldal and Olesen| 2011)

Friction is present in all machines with relative movement. It is generally possible to define
friction as an opposing force relative to the motion direction, caused by the interaction of
two surfaces. For a hydraulic cylinder typically three different friction contributions are
considered: Coulomb friction, viscous friction and Stribeck effect.

In the following, the three friction contributions will be described in further detail. Each
bullet refers to figure [B.1

(a) Kinetic coulomb friction is a constant term, e.g. it is not a velocity dependent term.

(b) Viscous friction is a velocity dependent term. It is assumed that the force is pro-
portional to the velocity, expressed as a friction coefficient B multiplied with the
velocity.

(¢) The Stribeck effect influences the friction model at low velocities and is especially
present where a thin oil layer is existent between two solid surfaces. It is decreasing
exponentially to zero from the coulomb friction force.

F, F,
(a) A (b) A
Fe
Bx
X X
F, F,
(©) 7 (@) i
Ps/n/irm
Fytiction — Fo Fe

{ 1l

> } e
X X

XStribeck

T
XStribeck

Figure B.1: Friction types considered in the system. (Hvoldal and Olesen, 2011} p. 17)
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Figure (d) is the combined friction function of (a), (b) and (c¢). The graph is often
referred to as the Stribeck friction curve or just Stribeck curve. To further understand
the Stribeck curve and the process of going from zero speed in a lubricated system, it is
possible to divide the curve into four different regions:

1. Static friction

2. Boundary lubrication
3. Partial fluid lubrication
4. Full fluid lubrication

Fach region number corresponds to the Stribeck curve as indicated in figure [B.2]

F f A /
}Texerled
2;3¢ 4 1&2
X
F‘&\’CI‘[ ed Fexert ed

3 4
Figure B.2: Friction regimes. (Hvoldal and Olesen, |2011, p. 18)

Each of the 4 regions shown in figure [B.2] are illustrated with its corresponding lubrication
state. It is noted that in region 1 and 2 the lubrication film has no effect due to the very
small velocity (= 0) between the two surfaces. As the velocity increases in region 3, the
fluid film partially lubricate the surface. In region 4 the velocity has grown to a stage
where full lubrication is achieved and the friction is thus proportional to the velocity as

shown in figure (b).
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System identification
theory

Theory chapter from (Hertz et al.| [2016a)

C.1 ARMAX

The governing equation of the ARMAX approach is described as

Yk = —Q1 Yg—1— - — —Qn * Yp—pn + 01 - Up_1 + ... + by - Up_p+
Wg + €1 - W1 + oo + Cp - Wi—p, (C.1)
Using the z-transform where —ay - yp_1 = —ay - 2~1.Y we obtain
AZH-Y(2) =B Uk +0E1-W(2) (C.2)
where
Az Y =14a -2+ .. 4ap-27" (C.3)
BzY)=1+b -2 +.. 40, 27" (C.4)
CzH=14c -z 4. +ep-2" (C.5)

This formulation is referred to as an Auto Regressive model, which combined with the
C-term, is extended with a Moving Average. The method is further extended with the B
term, which is related to the eXternal input (ARMAX). It should be noted that although
it is called a moving average filter, no constraints are set. The coefficients do not necessarily
need to sum up to 1 or be non negative.

C.2 Algorithm

This section will cover the used algorithm used to compute the ARMAX estimates, based
on the acquired data. The used steps are described as

1. Specify ARMAX model (ng, ny, ne) corresponding to number of poles, zeros and error
lags, making sure the amount of poles are larger than the amount of zeros and error
lags ng, > ny, ne. Remembering that the amount of data points should be much larger
than the number of variables (N >> max(ng, ny, ne))

2. Define:

e Output vector
y = [y(na), - y(N)]" (C.6)
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e Regressor matrix

Y(ng —1) - y(0) u(ng —1) -+ u(ng — np)
y(na) y(1) u(ng) 0 u(ng —np+1)

29 = ly(ng +1) : : 2 (C.7)

| y(N —1) y(N —ng) u(N—-1) - u(N —np)

3. Calculate LSE using.
= (@(O)TQ(O)—l) Oy, (C.8)
where

0 = (a1, s ang, b1, oy brg] T (C.9)

This is the last step in the ARX model, and the parameters are contained in 9.

4. Calculate prediction error e(t — 1, @0), ey €(t — Mg, 190)

e(t,0°) = y(t) — 9(t,9%), t>mn, (C.10)

where

(C.11)

5. Knowing the prediction errors from an ordinary least squares of the ARX model as
described, it is possible to set up an extended least squares. The routine is calculating
the parameter vector. It is an extended least squares method, as former errors are
used, that first have to be calculated.

1. for  =1: M, where M is number of iterations

2. Define the regressormatrix

y(ng — 1) y(0)  u(ng—1) u(ng —ny)
y(na) y(1) u(nq) u(ng —np + 1)
(t,9°) = |y(ng +1) : : : (C.12)
| y(N —1) y(N —ng) u(N—-1) -+ u(N—np)
(C.13)
e(ng = 1,071 o e(ng —ne,0')
e(ng, i1 €(ng — ne + 1,071
: : (C.14)
e(N = 1,91 o (N —ng,9 )
3. Calculate least square estimate
Qg(z‘) _ (g(i)Tg(o)q) g(O)Tg (C.15)
4. Calculate the error terms
e(t —1,9%), et —2,0%), ..., e(t —ne, 0 (C.16)

5. end if i = M or € < value
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C.3 Stability

Using the extended least square method, it is possible to obtain the unknown coefficients,
which is followed by an evaluation of the systems stability. Having estimated the two
polynomials A(z7!) = 0 and B(z~1) = 0 it is possible to create the pulse transfer function
H(z).

B(z™)
A(z71)
To ensure stability of the system all poles must be strictly inside the unit circle. This
can be evaluated by investigating A(271) = 0 for 2| < 1. The zeros, investigated by
B(z7!) = 0, can possibly take on any value but it is desired to have them strictly inside
the unit circle making it a minimum-phase zero. Ensuring the desired uniqueness between
input and output for the full system.

H(z) = (C.17)
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Loss Model

The losses in the system at zero output power equal to zero cylinder movement are dis-
tributed between mechanical and electrical energy. The torque model derived in section
are utilised. From the motor data sheet (Rexroth, 2016)), the load hold current I,q
at a specific load hold torque T4 are specified.

The main electrical losses in a motor are related to ohmic losses in the three coils. The coil
resistance is found in the data sheet as R,,. The ohmic losses are related to the current as

PJ\/[otor :RIQ (Dl)

Assuming a linearity between torque and current, it is possible to rewrite the ohmic losses
such they are dependent on the torque as

I'Tp>2

P]V[otor ’%SRw (TH 1
o

(D.2)

The values for ry,, Thoiq and I are shown in table [D.I} The Mechanical power used to run
the pumps are given as

Ppump = Tp *Wm (D3)

Parameter Value

Ry 0.79 Q
THod 15.8 A
THold 28 Nm

Table D.1: Constants used for loss model.

The total power is calculated as

Pr = Pyrotor + PPump (D4)

A study comparing experimental data for multiple load series from (Groenkjaer and Rahn),
2015) with theoretical values shows good correlation between the presented model and
measured data. Input power measurements from four test series of 125 mm/s including
a load holding sequences together with theoretical values for the same scenarios are show
in figure [D.I] It is seen that the model gives a good estimate of the power consumption
and the model is considered applicable for power estimation. The model is in general
conservative as it predicts more power than the actual measured DC-Power
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Figure D.1: DC-bus measurement and estimated values for power input at load holding

for four loads.
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